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Till Mamma och Far

”Utan tvivel är man inte klok

Tage Danielsson 1928-1985





Abstract

This thesis deals with control aspects of complex hybrid hydromechanical trans-
missions for heavy mobile working machines. Control problems are identified
and solved to facilitate the implementation and use of these systems.
Fuel prices and environmental concerns have increased the interest in hybrid

hydromechanical transmissions for heavy mobile working machines. Hybridi-
sation, the introduction of a secondary energy source in the transmission, of-
fers attractive improvements in terms of both fuel efficiency and performance.
These improvements are, in turn, enabled by software control. A complex
transmission architecture has several components that need to interact in a
stable manner. In addition, optimal utilisation of the added energy source is
required to maximise fuel savings. Meanwhile, there is a strong trend towards
automation, where many of the operator’s difficult control tasks need to be
managed by computers. Sophisticated control strategies are therefore needed,
along with a deeper understanding of dynamic properties.
Previous research on the control of hybrid hydromechanical transmissions has

primarily focussed on on-road applications. The working conditions of heavy
working machines place different requirements on the transmission, which is
also reflected in the control strategy.
This thesis highlights the importance of fast response of the variable dis-

placement pump/motors used in hybrid hydromechanical transmissions. Their
central position in the interface between hydraulics and mechanics makes their
dynamic performance a limiting factor both for the stability of the transmis-
sion control loops and in the realisation of smooth mode shifts in multiple-
mode transmissions. Dynamic models and control strategies for displacement
actuators are derived and validated in simulation and experiments. A linear
model for dynamic analysis of a general hybrid hydromechanical transmission
for heavy working machines is derived and a powertrain control strategy based
on decoupled control is proposed. The strategy is verified in simulations and
experiments in hardware-in-the-loop simulations, and may be used in a working
machine with or without a human operator.
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Populärvetenskaplig
sammanfattning

Styrning av hybrida hydraulmekaniska transmissioner
för arbetsmaskiner
Arbetsmaskiner, som till exempel hjullastare, drivs idag nästan uteslutande av
fossila bränslen. Allt hårdare miljökrav har därför tvingat tillverkare att se sig
om efter nya lösningar för framdrivning för att minska bränsleförbrukningen i
dessa maskiner.
En sådan lösning är hybridisering. Detta innebär att ett extra energilager

kopplas in i maskinen för att kunna återvinna och återanvända energi. Till
exempel kan rörelseenergin återvinnas när en hjullastare bromsar in, och åter-
användas när den ska accelerera. I denna avhandling studeras hybridisering
med hjälp av hydrauliska ackumulatorer. I dessa komponenter lagras energi i
form av tryck, genom att med olja trycka ihop en gas.
För att realisera en hydraulisk hybrid behövs en hydraulmekanisk transmis-

sion för att flytta energi mellan drivhjul och ackumulator. Det är en kombinerad
mekanisk och hydraulisk växellåda, där mekaniska kugghjul och axlar kopplas
samman med hydrauliska pumpar/motorer (hydraulmaskiner), som kan pumpa
in och ta ut oljan ur ackumlatorn. Kopplingar används mellan axlarna för att
kunna köra maskinen vid olika hastigheter, som i växellådan hos en bil. Hy-
draulmekaniska transmissioner är komplexa system, med många olika delar
som ska samspela i harmoni.
För att uppnå denna harmoni är hybrida hydraulmekaniska transmissioner

beroende av datorbaserad styrning. Styrningen ansvarar både för att se till att
förbränningsmotorn arbetar tillsammans med ackumulatorn så energieffektivt
som mjöligt och att maskinen kan framföras på ett stabilt sätt. Det finns idag
också ett stort intresse för digitalisering och automation. Det betyder att allt
fler av förarens uppgifter kommer utföras automatiskt av datorer som sin tur
måste veta hur maskinen ska styras.
I denna avhandling har olika strategier för styrning av hybrida hydraul-
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mekaniska transmissioner tagits fram och testats. Ett viktigt fenomen som
påvisats i arbetet är hydraulmaskinernas centrala roll i styrningen av transmis-
sionen. Deras position i gränssnittet mellan hydraulik och mekanik medför att
deras snabbhet är avgörande såväl för att uppnå ett stabilt fordon som för att
åstadkomma mjuka, automatiska växlingar. Datorbaserade styrstrategier för
hydraulmaskinerna har tagits fram och verifierats i experiment. Dessa strate-
gier har sedan använts i utvecklandet av en frikopplad styrstrategi för komplett
fordon med förbränningsmotor, transmission och ackumulator. Denna frikop-
pling möjliggör individuell styrning av de ingående komponenterna, och har
verifierats i simulering och experiment.
Resultaten är viktiga för utvecklingen arbetsmaskiner, så att de i framtiden

kan användas på ett miljövänligt och säkert sätt, såväl med som utan förare.
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Abbreviations

BMEP Break Mean Effective Pressure
CHIL Controller-Hardware-in-the-Loop
CVT Continuously Variable Transmission
FMEP Friction Mean Effective Pressure
FUMEP Fuel Mean Effective Pressure
GUI Graphical User Interface
HMT Hydromechanical Transmission
HST Hydrostatic Transmission
HWIL Hardware-in-the-Loop
ICE Internal Combustion Engine
ICPS Input-Coupled Power-Split transmission
MIMO Multiple-Input-Multiple-Output
MVEM Mean Value Engine Modelling
OC Open Circuit
OCPS Output-Coupled Power-Split transmission
OCV Open Circuit with Valve
P-controller Proportional controller
P-lead-controller Proportional controller with lead compensator
PHIL Power-Hardware-in-the-Loop
PWM Pulse-Width Modulation
SFC Specific Fuel Consumption
SISO Single-Input-Single-Output
TLM the Transmission Line element Method
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Nomenclature

A1 Control piston area [m2]

α Swash plate angle [rad]

αf Numerical damping factor [-]

αmax Maximum swash plate angle [rad]

αw Wall heat transfer coefficient [W/(m2K)]

(am, bm, cm, dm) Transmission subsystem model speed matrix elements [-]

Aw Accumulator surface area [m2]

Baxle Vehicle axle losses coefficient [Ns/m]

β Road inclination angle [rad]

BICE Engine viscous friction [Nms/rad]

BMEPmax Maximum break mean effective pressure [Pa]

Bpm Pump/motor shaft viscous friction coefficient [Nms/rad]

Bv Output shaft viscous friction [Nms/rad]

C Accumulator capacitance [m5/N]

c Wave variable [Nm]

cf Filtered wave variable [Nm]

cfr,1/2/3 Engine friction model constants [-]

Cp Parasitic capacitance [rad/Nm]

cp Constant pressure specific heat capacity [J/(kg·K)]

Cq Valve flow coefficient [-]

Cr Rolling resistance coefficient [-]
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Cs Spring capacitance [rad/Nm]

cv Constant volume specific heat capacity [J/(kg·K)]

d Valve spool diameter [m]

D(1/2) (Unit 1/2) maximum volumetric displacement [m3/rad]

δa Displacement controller relative damping [-]

Dm Rig HWIL interface motor volumetric displacement [m3/rad]

Dmax Maximum volumetric displacement [m3/rad]

Ds Shaft diameter [m]

ε(1/2) (Unit 1/2) relative displacement [-]

ε(1/2),ref (Unit 1/2) relative displacement, reference [-]

η0 Final gear efficiency [-]

ηig Indicated gross efficiency [-]

ηig,ch Combustion chamber efficiency [-]

ηpg Planetary gear efficiency [-]

ηsg Spur gear efficiency [-]

FBL Baseline controller (matrix)

F diag Diagonal controller (matrix)

Fε Displacement controller transfer function

Fext,v External vehicle disturbance force [N]

FUMEPmax Maximum fuel mean effective pressure [Pa]

g Gravitational constant [m/s2]

γ Specific heats ratio (cp/cv) [-]

Gε Displacement controller closed-loop transfer function

GO Open-loop transfer function (matrix)

GO,ε Displacement controller open-loop transfer function

G̃O Decoupled open-loop transfer function (matrix)

G̃p,c Decoupled closed pressure loop transfer function

Gs Shaft shear modulus [Pa]

Gsys Diagonal state dynamics transfer function (matrix)
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GT Turbo dynamics transfer function

g̃i,j Element of row i and column j of transfer function matrix G̃

Gts,m Transmission subsystem transfer function, at mode m (matrix)

i0 Final gear ratio [-]

i1/2 Unit 1/2 gear ratio [-]

Iω Transmission subsystem model speed matrix

isg Spur gear ratio [-]

jcr Rolling resistance flip coefficient [-]

jfg Final gear efficiency flip exponent [-]

JICE Engine flywheel inertia [kgm2]

jpg Planetary gear efficiency flip exponent [-]

Jpm Pump/motor rotating group inertia [kgm2]

jsg Spur gear efficiency flip exponent [-]

Jv = mv(η0rw)2 Vehicle equivalent rotational inertia [kgm2]

K Control gain [s]

K1/2/3 Proportional gain of diagonal control element F1/2/3 [-]

KC Laminar leakage coefficient (hydraulic circuit) [m5/(Ns)]

Kc,pm Pump/motor laminar leakage coefficient [m5/Ns]

KDJ Disturbance rejection control gain [-]

KDJ,2 Disturbance rejection control estimation compensation gain [-]

Kε Displacement controller gain [% Duty cycle]

Kε,m Displacement mechanical control linkage gain [m]

KFF Feed forward control gain [-]

KICE Static engine gain [Nm]

KPI Proportional integrator controller gain [-]

KPWM Static solenoid gain [m/%Duty-cycle]

Kq Valve flow gain [m2/s]

Ks Static gain (Displacement controller) [1/(s·% Duty-cycle)]

ks Spring stiffness [Nm/rad]
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Kτ Turbo gain [-]

L Inductance [kgm2]

Lp Parasitic inductance [kgm2]

Ls Shaft length [m]

Lsp Control piston lever (swash plate radius) [m]

m Mode index (m ∈ [1, 2, 3 . . . n]) [-]

mf Fuel mass flow [kg/rad]

mf,max Maximum fuel mass flow [kg/rad]

mg Gas mass [kg]

mv Vehicle mass [kg]

n Number of modes [-]

nr No. of revs. per combustion cycle (nr = 2 for 4-stroke, nr = 1
for 2-stroke) [-]

ω Angular velocity/frequency [rad/s]

ω1/2 Unit 1/2 shaft speed [rad/s]

ω1/2,ref Shaft speed reference rig side 1/2 [rad/s]

ωa Displacement controller resonance frequency [rad/s]

ωcarr Carrier wheel shaft speed [rad/s]

ωF,1/2 Controller lower(1)/upper(2) break frequency [rad/s]

ωFF,1/2 Feed forward lead filter upper(1)/lower(2) break frequency
[rad/s]

ωI Proportional integrator controller break frequency [rad/s]

ωICE Engine shaft speed [rad/s]

ωICE,0 Engine shaft speed, linearisation point [rad/s]

ωICE,ref Engine shaft speed, reference [rad/s]

ωout Transmission output shaft speed [rad/s]

ωout,0 Transmission output shaft speed, linearisation point [rad/s]

ωout,ref Transmission output shaft speed, reference [rad/s]

ωp Closed pressure control loop break frequency [rad/s]
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ωref Angular velocity, reference value [rad/s]

ωring Ring wheel shaft speed [rad/s]

ωsg,in/out Spur gear input/output shaft speed [rad/s]

ωsun Sun wheel shaft speed [rad/s]

ωv Spool valve break frequency [rad/s]

p0 Accumulator precharge pressure [Pa]

p1/2 Side 1/2 pressure [Pa]

pc Control piston pressure [Pa]

pc,0 Control piston pressure, linearisation point [Pa]

pL Load pressure [Pa]

psup Rig supply pressure [Pa]

psys Transmission high pressure [Pa]

psys,0 Transmission high pressure, linearisation point [Pa]

psys,ref Transmission high pressure, reference [Pa]

pT Transmission tank pressure [Pa]

pT,sup Rig supply tank pressure [Pa]

q Volumetric flow [m3/s]

q1/2 Unit 1/2 volumetric flow [m3/s]

qacc Accumulator input volumetric flow [m3/s]

qε Displacement control piston flow [m3/s]

Qext External transmission disturbance flow [m3/s]

qLHV Fuel lower heating value [J/kg]

R Planetary gear constant [-]

rc Engine compression ratio [-]

Rg Gas law constant [J/(kg·K)]

ρf Fuel density [kg/m3]

ρoil Oil density [kg/m3]

ρs Shaft density [kg/m3]

rw Wheel radius [m]
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s Laplace operator [1/s]

Sfwd Clutch used in forward ICPS mode

Sh Clutch used in hydrostatic mode

Srev Clutch used in reverse ICPS mode

T Torque [Nm]

t Time [s]

T0 Accumulator precharge temperature [K]

T1/2 Unit 1/2 shaft torque [Nm]

τ Time constant [s]

τT Turbo time constant [s]

Tcarr Carrier wheel torque [Nm]

TD Turbo-delayed engine torque [Nm]

Te,lim Limited engine output torque [Nm]

Te,max Maximum engine torque [Nm]

Te,net Net engine torque (TD − Tfr) [Nm]

Text,ICE External engine disturbance torque [Nm]

Text,v External output shaft disturbance torque [Nm]

Tfr Engine friction torque [Nm]

Tg Gas temperature [K]

TICE,net Net engine torque [Nm]

TICE,net Desired net engine torque [Nm]

Tig Indicated gross torque [Nm]

T∞ Accumulator ambient temperature [K]

Tout Transmission output torque [Nm]

Tout,ref Desired transmission output torque [Nm]

Tring Ring wheel torque [Nm]

Ts Simulation time step [s]

Tsg,in/out Spur gear input/output shaft torque [Nm]

Tsun Sun wheel torque [Nm]
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uICE Normalised engine injected fuel (uICE ∈ [0 . . . 1]) [-]

uPWM,(1/2) (Unit 1/2) pulse-width-modulated voltage [% Duty-cycle]

Uv Valve spool underlap [m]

uv,dist Disturbance valve signal [V]

v Specific volume [m3/kg]

V0 Accumulator volume [m3]

VD Engine volumetric displacement [m3]

Vg Gas volume [m3]

vveh Vehicle velocity [m/s]

vveh,ref Vehicle velocity, reference [m/s]

Wm Decoupling matrix for mode m

xv Valve spool displacement [m]

xv,1/2,ref Desired valve position, rig side 1/2 [m]

xv,ref,DJ Desired spool valve position, disturbance rejection part [m]

xv,ref,FF Desired spool valve position, feed forward part [m]

xv,ref,PI Desired spool valve position, feedback part [m]

Zc Characteristic impedance [Nms/rad]

xv



xvi



Papers

The work presented in this thesis is based on the following five papers, which
will be referred to by their Roman numerals. In all papers, the first author is
the main responsible for the work presented, with additional support from the
co-authors. The papers are appended to this thesis and have been printed in
their original state, with the exception of minor errata and changes in layout.

[I] L. Viktor Larsson, Karl Pettersson, and Petter Krus. “Mode Shift-
ing in Hybrid Hydromechanical Transmissions”. In: Proceedings of the
ASME/BATH 2015 Symposium on Fluid Power and Motion Control
(FPMC2015). Chicago, Illinois, USA, 2015. isbn: 9780791857236. doi:
10.1115/FPMC2015-9583.

[II] L. Viktor Larsson and Petter Krus. “Modelling of the Swash Plate
Control Actuator in an Axial Piston Pump for a Hardware-in-the-Loop
Simulation Test Rig”. In: The 9th FPNI Ph.D. Symposium on Fluid
Power. Florianópolis, SC, Brazil, 2016, V001T01A044. isbn: 978-0-
7918-5047-3. doi: 10.1115/FPNI2016-1570.

[III] L. Viktor Larsson and Petter Krus. “Displacement Control Strategies
of an In-Line Axial-Piston Unit”. In: The 15th Scandinavian Inter-
national Conference on Fluid Power (SICFP’17). Linköping, Sweden,
2017. isbn: 978-91-7685-369-6. doi: 10.3384/ecp17144244.

[IV] L. Viktor Larsson and Petter Krus. “A General Approach to Low-
Level Control of Heavy Complex Hybrid Hydromechanical Transmis-
sions”. In: BATH/ASME 2018 Symposium on Fluid Power and Mo-
tion Control, Bath, Great Britain. 2018. isbn: 978-0-7918-5196-8. doi:
10.1115/FPMC2018-8877.

[V] L. Viktor Larsson, Liselott Ericson, Karl Uebel, and Petter Krus. “Low-
Level Control of Hybrid Hydromechanical Transmissions for Heavy Mo-
bile Working Machines”. In: Energies 12.9 (2019). issn: 1996-1073. doi:
10.3390/en12091683.

xvii



Other papers and publications
The publications listed below are not included in the thesis but constitute an
important part of the background. In paper [VI], the first three authors are
the main responsible for the work presented, with additional support from the
fourth author. In paper [VIII], the first author is the main responsible for the
work presented, with additional support from the co-author.

[VI] Karl Pettersson, L. Viktor Larsson, K. Viktor Larsson, and Petter Krus.
“Simulation Aided Design and Testing of Hydromechanical Transmis-
sions”. In: Proceedings of the 9th JFPS International Symposium on
Fluid Power (JFPS’14). Matsue, Japan, 2014. isbn: 4931070108.

[VII] L. Viktor Larsson. “Modellering och simulering av en hydraul-
mekanisk power-splittransmission med två moder”. In: Hydraulikda-
garna. Linköping, Sweden, 2015 (In Swedish).

[VIII] L. Viktor Larsson and Petter Krus. “Hardware-in-the-loop Simulation
of Complex Hybrid Hydromechanical Transmissions”. In: WIEFP2018
- 4th Workshop on Innovative Engineering for Fluid Power, November
28-30, Sao Paulo, Brazil. 2018. isbn: 978-91-7685-136-4. doi: 10.3384/
ecp1815669.

xviii



Contents

1 Introduction 1
1.1 Aim and Research Questions . . . . . . . . . . . . . . . . . . . 2
1.2 Delimitations . . . . . . . . . . . . . . . . . . . . . . . . . . . . 2
1.3 Contribution . . . . . . . . . . . . . . . . . . . . . . . . . . . . 3
1.4 Thesis Outline . . . . . . . . . . . . . . . . . . . . . . . . . . . 3

2 Frame of Reference 5
2.1 Hydraulic Hybrid Working Machines . . . . . . . . . . . . . . . 5

2.1.1 Concepts and Potential . . . . . . . . . . . . . . . . . . 6
2.2 Hybrid Hydromechanical Transmissions . . . . . . . . . . . . . 6

2.2.1 Hydraulic Circuit . . . . . . . . . . . . . . . . . . . . . . 7
2.2.2 Transmission Subsystem . . . . . . . . . . . . . . . . . . 8
2.2.3 Architectures . . . . . . . . . . . . . . . . . . . . . . . . 9

2.3 Control . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 10
2.3.1 Secondary Control . . . . . . . . . . . . . . . . . . . . . 10
2.3.2 Displacement Control . . . . . . . . . . . . . . . . . . . 12
2.3.3 Mode Shifting . . . . . . . . . . . . . . . . . . . . . . . . 14
2.3.4 Powertrain Control . . . . . . . . . . . . . . . . . . . . . 15
2.3.5 Decoupled Control . . . . . . . . . . . . . . . . . . . . . 17

3 Methodology 19
3.1 Modelling and Simulation . . . . . . . . . . . . . . . . . . . . . 20

3.1.1 Hopsan . . . . . . . . . . . . . . . . . . . . . . . . . . . 21
3.2 Model Validation . . . . . . . . . . . . . . . . . . . . . . . . . . 22
3.3 Control Strategy Development and Validation . . . . . . . . . . 23
3.4 External Experimental Validation . . . . . . . . . . . . . . . . . 23
3.5 Hardware-in-the-Loop Simulation . . . . . . . . . . . . . . . . . 23

3.5.1 The Hardware-in-the-Loop Interface . . . . . . . . . . . 25
3.6 Test Rig . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 27

3.6.1 Hardware-in-the-Loop Implementation . . . . . . . . . . 27

xix



4 Contributions 31
4.1 Mode Shifting . . . . . . . . . . . . . . . . . . . . . . . . . . . . 31
4.2 Displacement Control . . . . . . . . . . . . . . . . . . . . . . . 33

4.2.1 Linearised Model . . . . . . . . . . . . . . . . . . . . . . 34
4.2.2 Control . . . . . . . . . . . . . . . . . . . . . . . . . . . 35
4.2.3 Parametrisation: Pole Placement . . . . . . . . . . . . . 35
4.2.4 Simulations and Measurements . . . . . . . . . . . . . . 36
4.2.5 Summary . . . . . . . . . . . . . . . . . . . . . . . . . . 38

4.3 Powertrain Control . . . . . . . . . . . . . . . . . . . . . . . . . 39
4.3.1 Linearised Model . . . . . . . . . . . . . . . . . . . . . . 39
4.3.2 Control . . . . . . . . . . . . . . . . . . . . . . . . . . . 42
4.3.3 Simulations and Measurements . . . . . . . . . . . . . . 47

5 Discussion 57

6 Conclusions 61

7 Review of Papers 63

A Hopsan Component Models 67
A.1 Mechanical Sub-Components . . . . . . . . . . . . . . . . . . . 68

A.1.1 Shaft . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 68
A.1.2 Gears . . . . . . . . . . . . . . . . . . . . . . . . . . . . 70

A.2 Vehicle . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 73
A.2.1 Linearised representation . . . . . . . . . . . . . . . . . 74

A.3 The Efficiency Flip . . . . . . . . . . . . . . . . . . . . . . . . . 75
A.4 Diesel Engine . . . . . . . . . . . . . . . . . . . . . . . . . . . . 75

A.4.1 Engine Flywheel . . . . . . . . . . . . . . . . . . . . . . 78
A.4.2 Linearised Representation . . . . . . . . . . . . . . . . . 79
A.4.3 Static Characteristics . . . . . . . . . . . . . . . . . . . 79

A.5 Accumulator . . . . . . . . . . . . . . . . . . . . . . . . . . . . 80
A.5.1 Linearised Representation . . . . . . . . . . . . . . . . . 82

A.6 Hydrostatic Pump/Motors . . . . . . . . . . . . . . . . . . . . . 84

B Test Rig Control 87

C Full Decoupled System Matrix 93

D Additional Measurements 95

Bibliography 97

Appended Papers

I Mode Shifting in Hybrid Hydromechanical Transmissions 107

xx



II Modelling of the Swash Plate Control Actuator in an Axial
Piston Pump for a Hardware-In-the-Loop Simulation Test
Rig 137

III Displacement Control Strategies of an In-Line Axial-Piston
Unit 163

IV A General Approach to Low-level Control of Heavy Complex
Hybrid Hydromechanical Transmissions 187

V Low-Level Control of Hybrid Hydromechanical Transmis-
sions for Heavy Mobile Working Machines 213

xxi



xxii



1
Introduction

Mobile working machines, such as wheel loaders and excavators, are versatile
vehicles used to perform heavy work. Currently, the combination of stricter
legislation and higher demands on productivity and fuel efficiency are causing
manufacturers to consider alternative solutions for the propulsion of these ma-
chines. Hybrid hydromechanical transmissions pose an interesting option, but
they come at a cost, with high system complexity and new control challenges
to overcome.
Vehicle hybridisation usually refers to the modification of a vehicle’s driv-

eline to incorporate a reversible energy source in parallel with an internal
combustion engine. This modification offers several attractive improvements
in terms of fuel savings, productivity and operability. Mobile working ma-
chines operate in rough environments in highly transient duty cycles, under
high cost and productivity pressures. Consequently, hydraulics is a key enabler
of power transformation in these vehicles today, thereby making hybridisation
with hydro-pneumatic accumulators an interesting approach to achieve these
improvements.
The basic idea of hydraulic hybridisation is simple, but its implementation

is usually complex. For heavy mobile working machines, a large portion of this
complexity derives from the hybrid transmission design. For this application,
hybrid hydromechanical transmissions with multiple modes are often needed
to fulfil the requirements of high tractive forces and wide conversion ranges.
These systems are complex in the sense that they contain many components,
such as pump/motors, gears and clutches, that can be combined in numerous
ways, and they realise power flows in multiple directions and power domains.
To deal with this complexity, software control becomes a key enabler of

hydraulic hybridisation. On an actuator level, variable pump/motors with
fast, accurate displacement controllers are needed. Their position in the hy-
draulic/mechanical interface makes them key components in both the realisa-
tion of smooth mode shifts and the distribution of power flows. On a pow-
ertrain level, the engine and the accumulator must be controlled in a stable
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manner and simultaneously realise the operator’s torque request. In addition,
the powertrain control must be able to easily adapt between the modes in a
multiple-mode transmission. Yet another dimension is added, considering the
fact that, in addition to the driveline, a mobile working machine has work
functions, such as a loader with a bucket, that require substantial amounts of
power.
Meanwhile, the strong trend towards digitalisation and automation further

emphasises the dependence on software control, as larger shares of the opera-
tor’s work load are taken over by computers. This trend is accompanied and
enabled by more affordable high-performance sensors and microprocessors that
also provide extra freedom for flexible and sophisticated control solutions. This
freedom does, however, present a challenge in choosing a proper strategy for
its purpose. This challenge is faced in this thesis.

1.1 Aim and Research Questions
The overall aim of this thesis is to increase knowledge of the aspects of con-
trol of complex hybrid Hydromechanical Transmissions (HMTs) that are key to
ensuring transmission functionality. These aspects are divided into mode shift-
ing, displacement control and powertrain control. The aim may be clarified
and summarised in the following research questions:

RQ1: How is the mode shifting event in complex hybrid HMTs affected by the
dynamic performance of the displacement controllers?

RQ2: What are the dominating dynamic characteristics in displacement con-
trollers that use sensor-based feedback?

RQ3: What is a suitable strategy for displacement control in hybrid HMTs?

RQ4: What is required of the dynamic response of displacement controllers
used in hybrid HMTs?

RQ5: What is a suitable strategy for powertrain control in hybrid HMTs?

1.2 Delimitations
This thesis concerns dynamic control aspects of hybrid HMTs. Other aspects,
such as energy management, energy efficiency, manufacturing and marketing
are not considered. The primary application is mobile working machines with
high demands for efficient and power-dense vehicle propulsion. The wheel
loader is often used as an example in the thesis, but the problem formula-
tion is valid for many other working machines as well, such as reach-stackers or
telehandlers. In the dynamic analysis of displacement controllers, swash plate
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axial-piston pumps/motors are considered. For the powertrain control strat-
egy, the focus is on the transmission and engine. Additional power consumers,
such as working hydraulics, are considered as disturbance torques and flows.

1.3 Contribution
This thesis identifies the problem of handling mode shifts in hybrid HMTs due
to the dynamics of the displacement controllers. A deeper understanding of
the dynamic behaviour of displacement controllers in swash-plate axial-piston
machines is provided, and novel control strategies for the displacement are
proposed. The dynamic behaviour and control strategies for the displacement
controller are studied in simulation and verified in experiments. A linearised
model suitable for dynamic analysis of a general hybrid HMT for heavy mobile
working machines is derived. A novel control strategy, based on decoupled
Multiple-Input-Multiple-Output (MIMO) control, is proposed for powertrain
control of a multiple-mode hybrid HMT. The strategy is tested in simulations
and verified experimentally in Hardware-in-the-Loop (HWIL) simulations.

1.4 Thesis Outline
Chapter 2 provides the frame of reference for the thesis and aims at positioning
the contributions in relation to the current state of knowledge in the field.
Chapter 3 describes the methods used to assess the different control aspects.
Chapter 4 summarises the contributions and main findings of the appended
papers. A discussion of the methodology and the findings is provided in chapter
5, while conclusions in relation to the research questions are drawn in chapter
6. In chapter 7 a brief review of the appended papers is given.
An overview of the assessed control aspects and the methods used for the

assessments is given in the table below. The relationships between the papers
and the research questions listed in section 1.1 are also illustrated.

Paper [I] [II] [III] [IV] [V]
Control aspect
Mode shifting X
Displacement control X X X X
Powertrain control X X X
Method
Modelling X X X
Simulation X X X X X
Experiments X X X
HWIL simulation X
RQ 1 and 4 2 2 and 3 4 and 5 5
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The control aspects assessed in the appended papers may also be illustrated
by the general system-of-interest shown in figure 1.1. This system has evolved
during the thesis work, based on the frame of reference provided in the following
chapter. In short, the states to control are the displacement settings, the
accumulator pressure, the vehicle speed and the engine speed. The system
pressure and the engine speed reference values are assumed to be a result of an
energy management strategy. The vehicle speed reference is determined by the
specific load cycle and is controlled by the operator via torque control. The
operator may, in turn, be either a human or a computer.

ε2,ref

ε1,ref

uICE

ωICE

Text,ICE

psys

ε1 ε2

Qext

Displacement

Transmission
subsystem

Engine

Clutches

Hydraulic
circuit

Unit 1 Unit 2
Powertrain

Control
[IV, V]

Fext,v

Vehicle

ωICE,ref

vveh,ref

psys,ref

Mode
shifting [I]

Operator

vveh

Control [II, III]

Displacement
Control [II, III]

Tout,ref

Figure 1.1 A general multiple-mode hybrid hydromechanical transmission
with highlighted control aspects studied in the thesis. Fext,v is a disturbance
force acting on the vehicle, for instance from a gravel pile. Additional power
consumers are represented as a disturbance torque at the engine (Text,ICE) or a
disturbance flow (Qext) in the hydraulic circuit.
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2
Frame of Reference

Although the focus of this thesis is on control rather than design, the identified
control problems are consequences of the design requirements of mobile working
machines. Sections 2.1 - 2.2 provide a brief overview of the design challenges of
hydraulic hybrid working machines in general, and how these may be handled
for the driveline specifically.

2.1 Hydraulic Hybrid Working Machines

Hydraulic hybridisation of working machines offers several attractive features,
such as kinetic/potential energy recuperation, function/system decoupling and
power boost functionality [1] - features that, in turn, may lead to increased fuel
efficiency, productivity and operability [2]. Compared to on-road applications,
a key challenge with the hybridisation of mobile working machines is that they
have several substantial power consumers: a driveline and work functions. An-
other important aspect is that a significant part of the control effort of these
machines is carried out by an operator, who supervises and influences the two
motion systems in highly transient load cycles [3]. Today, the work functions
are typically actuated with a working hydraulics system based on throttle con-
trol with valves [4]. Hybridisation of the working hydraulics system is possible,
but presents its own challenges. This topic is not within the scope of this thesis,
but has been thoroughly investigated in [1].
The driveline of a modern working machine is most often of the hydro-

dynamic (torque converter) or hydrostatic type, depending on the machine’s
power level [5, 6]. For hybridisation, complex hybrid hydromechanical trans-
missions are often required to fulfil demands for wide speed conversion ranges,
high power density and acceptable cost. A key challenge in the design of these
transmissions is the large design space, where simulation-based optimisation
has been shown to be an important tool [5].
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2.1.1 Concepts and Potential
For vehicles with propulsion as the primary power consumer, hydraulic hybridi-
sation has been investigated with varying intensity since the energy crisis in
the 1970s, see for instance [7, 8, 9] for thorough overviews. Commonly revisited
applications are heavy commercial vehicles with frequent starts and stops, such
as buses [10, 11] and refuse trucks [12].
For mobile working machines, few commercial small-scale concepts exist to-

day, see e.g. [13]. The potential of hydraulic hybridisation of this application
has, however, been illustrated frequently in academia. For a fully hybridised
large wheel loader, including the working hydraulics, energy savings of up to 50
% for a short loading cycle can be expected [14, 15]. The majority of the sav-
ings in this example were due to eliminated torque converter and valve losses
[14]. In a telehandler application, 13 % fuel savings were predicted for a similar
cycle when compared to a hydrostatic transmission [16]. The presence of mul-
tiple power consumers is often stressed, both in terms of management of the
accumulator state-of-charge [17] and the transmission design [18, 19]. Further-
more, some authors stress the benefits of complex power-split transmissions for
this application. In [17], this concept was found to facilitate optimal engine
operation and decoupling between subsystems. Also, power-split hybrid HMTs
may utilise the complex power flows of the power-split configuration to handle
energy management in both transmission and working hydraulics in an efficient
manner [18].

2.2 Hybrid Hydromechanical Transmissions
An HMT may be defined as a transmission that transfers power in both the
hydraulic and the mechanical domain. In a mobile working machine, an HMT
may be used as the driveline to transmit power from an Internal Combustion
Engine (ICE) to the wheels. Figure 2.1 shows a general HMT divided into a
hydraulic circuit and a mechanical transmission subsystem.

Transmission
subsystem

ICE

Wheels

Hydraulic
circuit

Figure 2.1 A general hydromechanical transmission, adapted from [20].
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2.2.1 Hydraulic Circuit
The hydraulic circuit contains variable displacement pump/motors (units) that
convert between the hydraulic and mechanical power domains. In a hybrid
HMT, the circuit also has a hydro-pneumatic (gas-loaded) accumulator. Non-
hybrid and hybrid representations of the hydraulic circuit are shown in figure
2.2.

ω1, T1 ω2, T2
q2q1

Unit 1

Unit 2

p1

p2

(a) Non-hybrid. The pressures change with
the load.

ω1, T1 ω2, T2
q2q1

Unit 1

Unit 2

p1 = psys
≈ constant

qacc

p2 = pT ≈ constant

Accumulator

(b) Hybrid. The accumulator’s state-of-
charge determines the pressure.

Figure 2.2 Non-hybrid and hybrid representations of the hydraulic circuit in
an HMT. The high capacitance of the accumulator affects the dynamic behaviour
of the hybrid hydraulic circuit, which has one dedicated high pressure side and
one dedicated low pressure side. The low pressure side commonly has a low
pressure accumulator, here represented as tanks.

For a non-hybrid HMT, the hydraulic circuit is a Hydrostatic Transmission
(HST). In this concept, two hydrostatic units are connected in closed circuit
and therefore experience a flow coupling (q1 = q2). The speed/torque ratio
between the two shafts may then be continuously varied by varying the dis-
placements of the hydrostatic units. A non-hybrid HMT is consequently a
Continuously Variable Transmission (CVT) that uses an HST as a variator
[20]. A continuously variable gear ratio, in turn, is an attractive feature for a
driveline in a heavy working machine [21].
The use of accumulators in the circuit means that there is no tight flow cou-

pling between the hydrostatic units. Rather, the difference in unit flows results
in a charging or discharging of the accumulator (q1 − q2 = qacc). Another
important effect of the accumulator in the system is that its high capacitance
causes the system pressure to be quasi-constant or impressed by the accumula-
tor’s state-of-charge [22]. As shown in figure 2.2b, the hybrid hydraulic circuit
has dedicated high and low pressure sides, of which the high pressure side is
determined by the accumulator. This is in contrast to the non-hybrid case, in
which the pressure sides may alter and the total pressure difference (p1−p2) is
determined by the load. In the hybrid circuit, the impressed system pressure
means that the unit displacements directly determine the unit torques, rather
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than the transmission speed/torque ratio. This concept is commonly referred
to as secondary control, which is discussed further in section 2.3.1.
A gas-loaded accumulator stores energy in the form of pressure of a gas (com-

monly nitrogen) [7]. The gas is contained in a vessel and is separated from the
oil by a piston, bladder or diaphragm [23]. The accumulator has high influ-
ence on the performance of a hybrid HMT. The thermodynamic relationship
between the pressure and the volume of the gas is non-linear and gives rise to
thermal losses as the gas is compressed [24]. These losses are highly affected
by the frequency of charging/discharging [25], but may be reduced by using
elastomeric foam in the gas volume [26]. Two other factors that affect energy
recovery are the accumulator volume and precharge gas pressure [27].

2.2.2 Transmission Subsystem
The transmission subsystem may be divided into transmissions with single and
multiple modes, where multiple-mode transmissions include clutches that en-
able switching between different single-mode configurations [5]. Single-mode
configurations commonly mentioned in the literature are shown in figure 2.3.
In a series configuration, all power is transferred via the hydraulic circuit. In a
power-split configuration, planetary gear trains are used to transfer the power
through the hydraulic circuit and the transmission subsystem in parallel. A
power-split transmission subsystem is commonly classified based on the position
of the hydraulic circuit in relation to the driveline’s input and output shafts.
Consequently, the hydraulic circuit is connected to the input shaft in an Input-
Coupled Power-Split transmission (ICPS) (figure 2.3b) and to the output shaft
in an Output-Coupled Power-Split transmission (OCPS) (figure 2.3c) [28]. The
compound power-split configuration (figure 2.3d) may be regarded as a com-
bination of the input-coupled and output-coupled configurations [29]. Each
power-split configuration may also be achieved in a number of ways depending
on how the shafts of the planetary gear are connected [30]. The single-mode
configurations have different properties that make them advantageous in differ-
ent applications, see e.g. [31] and [29] for comparative analyses of non-hybrid
and hybrid HMTs, respectively.

Hydraulic
circuit

(a) Series

Hydraulic
circuit

(b) ICPS

Hydraulic
circuit

(c) OCPS

Hydraulic
circuit

(d) Compound

Figure 2.3 Single-mode transmission subsystems, adapted from [5]. Input
(engine) shaft to the left.
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For working machines with high demands for energy-efficient and power-
dense propulsion, such as heavy wheel loaders, multiple-mode transmissions are
often required. The idea is to utilise the best properties of each single-mode
configuration and increase the transmission conversion range [5]. A common
solution for compact wheel loaders is to add a gearbox in series with an HST
[6]. In the case of larger machines, more complex solutions may be applicable
so that one or several of the modes are of the power-split configuration. For
agricultural tractors, non-hybrid multiple-mode power-split HMTs have been
state-of-the-art for some time [32, 33] and commercialised concepts for con-
struction machines exist on the market as well [34, 35].

2.2.3 Architectures
The approach of classifying HMTs provided in the previous sections is not
unique, and the high versatility of these transmissions has resulted in many
different architectures and names in the literature. For hybrid drivelines the
series, power-split (complex) and parallel (add-on) topologies are often men-
tioned [7]. The series hybrid is equivalent to a hybrid HST, figure 2.2b, while a
power-split hybrid may be realised by combining any of the power-split trans-
mission subsystems in figure 2.3 with the hybrid circuit in figure 2.2b. A
parallel hybrid is realised by adding a pump/motor and an accumulator to a
conventional driveline. Parallel hybrids are out of the scope of this thesis but
have, for instance, been investigated for wheel loaders in [36, 19].
Additional architectures are revealed if clutches and valves for manipulation

of the architecture are considered. For instance, the engine can be declutched
from the transmission to propel the vehicle solely from the accumulator [37],
and valves can be used to switch between non-hybrid and hybrid configuration
[38].
For mobile working machines, classification is difficult due to the multiple

power consumers present [1, 5], although a thorough attempt is made in [2].
Another aspect is that hybridisation of mobile working machines is still a fairly
young technology, and there is no clear trend showing what type of architec-
ture is optimal for this application. In this thesis, it is assumed that the re-
quirements that have resulted in the complex multiple-mode non-hybrid HMTs
being relevant for heavy working machines also motivate the choice of hybrid
architecture. Consequently, the single-mode transmission subsystems in figure
2.3 combined with the hybrid circuit in figure 2.2b are considered, either as
complete transmissions or as individual modes in a multiple-mode concept.
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2.3 Control
The control of hybrid vehicles is often divided into different levels. At the
highest level, the introduction of an accumulator adds an extra degree of free-
dom; continuously during vehicle operation, a proper decision is required as to
whether the accumulator should be charged or discharged [39]. The objective
of this decision-making is usually to minimise fuel consumption, and it is car-
ried out with an energy management strategy. A great challenge in realising
proper energy management is that it is limited to acting on present knowl-
edge even though optimal (minimal) fuel consumption requires knowledge of
a full cycle. This challenge has been addressed in numerous research papers,
where different energy management strategies are proposed and evaluated. For
some applications, simple rule-based approaches are sufficient, while more so-
phisticated strategies, such as optimal control and dynamic programming, are
required in others. An overview and more detailed classification of energy man-
agement strategies for hydraulic hybrid vehicles is provided in [40]. For hybrid
working machines, such as wheel loaders, energy management is particularly
challenging due to the presence of multiple power consumers [17]. In addition,
the strong influence of the energy management strategy on fuel consumption
motivates simultaneous optimisation of energy management and system com-
ponent sizing. The performance of a simple rule-based controller may then be
comparable to that of a more sophisticated approach [19].
In this thesis, the primary focus is on low-level control. This concept refers to

what is usually applied in traditional control theory [41], where aspects such as
stability, damping and accuracy rather than fuel efficiency are addressed. The
low-level control is thus responsible for handling the realisation and dynamic
coordination of the power flows demanded by the machine operator and the
energy management strategy [39].

2.3.1 Secondary Control
A fundamental principle within low-level control of hydraulics hybrids is sec-
ondary control, which has been present within fluid power research since the
1980s, see for example [42, 43]. The basic idea is that speed control takes place
directly at the load. In the rotational domain, this means that the speed of
a hydraulic motor is controlled by the motor’s own displacement [25]. This
is enabled by subjecting the motor to a constant pressure, see figure 2.4. As
shown in equation (2.1), the constant pressure means that the speed is con-
trolled by controlling the unit’s torque through the displacement. The system
is thus essentially a pure integrator, which requires active speed control for sta-
bilisation [11]. Also, four-quadrant operation and the ability to realise relative
displacements within −1 ≤ ε ≤ 1 are needed to enable braking of the load.

T = (psys − pT )Dε ∝
/

(psys − pT ) =
constant

/
∝ ε (2.1)
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q

psys = const.

pT = 0

ω, T

J

K
εref

ω

ωrefGε(s)

Displacement controller

ε

D

Rate limiter

Figure 2.4 Secondary-controlled motor with inertia load and proportional
feedback.

Figure 2.5 shows simulated step responses of the system in figure 2.4 without
displacement controller dynamics. The speed is a consequence of the torque
equilibrium of the flywheel, while the flow is determined by the product of the
speed and the displacement according to q = ωDε. As the flywheel is braked
to rest at 0.5 seconds, the flow changes direction (the unit now acts as a pump)
and the kinetic energy stored in the flywheel is sent back into the system, for
example to an accumulator.

Figure 2.5 Speed step response of the system in figure 2.4, assuming an ideal
displacement controller (ε = εref ). Simulation parameters are given in table 2.1.
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2.3.2 Displacement Control
The displacement controller constitutes the innermost control loop in the sec-
ondary control loop and therefore has substantial influence on the dynamic
response [44]. In turn, different pump/motor types fulfil the demands on dis-
placement controllers to different degrees. This thesis focuses on swash plate
axial-piston units, as they are considered a suitable compromise between ef-
ficiency and controllability. In swash plate units, the displacement is varied
by changing the swash plate angle. This is usually realised with a hydraulic
or electro-hydraulic actuating system with pistons that act on the swash plate
[45]. The feedback of the displacement may be carried out internally or ex-
ternally, which has a fundamental influence on the dynamic response of the
displacement controller. Conventional swash plate units use internal feedback
with a mechanical linkage from the swash plate to the control valve. This is
equivalent to a proportional controller and with a four-way valve solution the
closed-loop response may be represented by a first order system [46]:

Gε(s) = ε(s)
εref (s) = 1

τs+ 1 (2.2)

with time constant, τ , according to:

τ = A1Lsp
2KqKε,m

(2.3)

where A1 is the control piston area, Lsp the swash plate radius, Kq the valve
flow gain and Kε,m the control linkage gain. Note that the high stiffness of
the mechanical linkage means that the valve dynamics may be ignored in the
dynamic analysis of the control loop [47].
Apart from the dynamics of the displacement actuator, its speed is limited

by the maximum flow of the control valve [48]. Flow saturation does not cause
instability in secondary-controlled systems, but gives overshoots and delays the
response [25]. This is illustrated in figure 2.6, which shows a step in speed of
the system in figure 2.4 if displacement controller dynamics and valve flow sat-
uration are included in the model. The dynamics of the displacement actuator
add overshoot in speed, which is amplified if a rate limiter is included to mimic
the saturation in valve flow.
Although the mechanical linkage feedback is a robust and stiff solution, it

offers little freedom in the control design. By measuring the displacement an-
gle with a sensor, an external feedback loop is created, thereby enabling more
sophisticated controllers to be implemented in software [49]. This approach,
however, places high demands on the control valve, which then dominates the
dynamics. Many of the previous publications on this topic therefore use fast
servo valves [48, 44]. Indeed, [48] reports high performance, but servo valves are
quite expensive and energy inefficient, and are unlikely to be used in series pro-
duced pumps/motors in the short term. A solution with a relatively slow valve
thereby relies even more on a sophisticated control strategy for fast response.
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Figure 2.6 Step response in speed (black) of the system in figure 2.4 with
different displacement controller dynamics (blue). Simulation parameters are
provided in table 2.1.

Table 2.1 Parameter values used in the simulations in figure 2.5 and 2.6.

Parameter Value Unit
psys 300 bar
K 0.12 s/rad
ωref 100 rpm
J 4.0 kgm2

D 100 cm3/rev
τ 0.06 seconds
tr (rate-limiter parameter,
min time to realise ε : 0→ ±1) 0.3 seconds

Swash-Plate Oscillations

The mechanical structure of swash plate units gives rise to an oscillating torque
that acts on the swash plate. The oscillations occur at a frequency proportional
to the shaft speed and are caused by the pistons entering and leaving the high-
and low-pressure zones of the valve plate [46]. It has been suggested that these
oscillations interfere with both the displacement control [50] and in [51], also
with efficiency. The oscillating torque has been observed in measurements of
the control piston pressure in the axial piston units studied in this thesis (see
appendix D). However, no interference with the displacement control has been
observed. Swash-plate oscillations due to the oscillating torque are therefore
not considered in this work.
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2.3.3 Mode Shifting

A mode shift in a multiple-mode HMT is the event in which the mechanical
transmission subsystem switches between two single-mode configurations. In
practice, this is carried out by disengaging one clutch and engaging another. For
high machine productivity and operator comfort, the mode shift should be as
smooth as possible. In conventional transmissions with torque converters, jerk-
free gear shifts are accomplished with power-shift gear boxes [6]. In multiple-
mode HMTs with power-split, synchronised mode shifts can be achieved. This
means that the transmission modes are chosen so that the shafts of the engaged
clutch have equal speeds [52]. In effect, short shifting times with low drop in
output torque are possible [53]. Also, synchronised mode shifts can be carried
out with low power losses due to the limited slip. In fact, loss-free toothed
clutches are proposed in the commonly adapted Jarchow HMT concept [54].
In non-hybrid HMTs, the smoothness of a synchronised mode shift is largely

enabled by the ability of the HST to easily adapt its pressure to external
loads. As shown in figure 2.7, the power flow through the HST may change
direction during a shift, which results in rapid changes in pressure difference
and hydrostatic unit torques. This changes the effect of the losses in the HST,
which may be handled with efficiency steps in the control of the hydrostatic
units [21, 55]. In the case of hybrid HMTs, the pressure cannot adapt to
external loads due to the high accumulator capacitance. Rapid torque changes
are instead realised with large steps in displacement [56]. Consequently, the
displacement controller dynamics may be expected to have a negative impact
on mode shift smoothness.

(a) Transmission pressures. (b) Unit 2 torque.

Figure 2.7 The power flow can change direction in the HST circuit during
the mode shift in an HMT. The graphs in this figure show the transmission
pressures and the torque on unit 2 when switching from hydrostatic (H) mode
to forward (F) ICPS mode (at T=18 seconds) in the non-hybrid transmission
simulated in [VI], which is hybridised in paper [I].
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2.3.4 Powertrain Control
The impressed system pressure introduces secondary control in a hybrid HMT,
and the term is often used to denote the control concept applied in a vehicle,
see e.g. [11]. There are, however, some differences between “pure” secondary
control as presented in section 2.3.1 and the low-level control of a hybrid vehicle.
Firstly, the pressure is not constant but varies (slowly) with the accumula-

tor’s state-of-charge. This means that the output torque and power are limited
if the state-of-charge is low, which has to be considered by the energy manage-
ment strategy [18]. For the low-level controllers, varying pressure also means
that secondary control relies on pressure control as the accumulator has mini-
mum and maximum allowed pressure levels.
Secondly, the controller in the secondary control loop is the operator. This

means that the operator sets the vehicle output torque to control the vehicle
speed, a concept often referred to as torque control [29].
Thirdly, a hybrid vehicle contains an ICE, which requires active speed control

to ensure maximum efficiency of operation [57]. In a typical wheel loader of
today, the operator uses an accelerator pedal to control the engine speed to, in
turn, control output torque via the slip of the torque converter. With a hybrid
drivetrain the operator would use the accelerator pedal to control output torque
(vehicle speed) directly [2], thereby making the powertrain control responsible
for engine speed control.
Compared to pure secondary control, the low-level control of a hybrid HMT

is therefore responsible for more than speed control, and needs to consider
both the power sources and the driveline. To distinguish a low-level control
strategy that considers all these factors, the term powertrain control is used in
this thesis.

Engine Speed Control

For modern heavy working machines, naturally aspirated or turbocharged diesel
engines are state-of-the-art. The primary control input is the injected fuel,
which, through combustion, translates to a torque on the engine flywheel [58].
A governor adjusts the injected fuel to control the engine shaft speed accord-
ing to a reference. In the early engines, mechanical fuel injection pumps and
governors with centrifugal regulators were used, see e.g. [59, 60], while modern
diesel engines usually have common-pressure-rail systems with an electronic
governor. Frequently mentioned governor types are droop (proportional con-
trol) and isochronous (proportional-integrator control), where droop control is
commonly used in vehicle applications [61]. For hybrid HMTs, the governor
design is usually not regarded as given, but rather a part of the powertrain con-
trol strategy. This approach has a benefit as it allows for easy implementation
of disturbance rejection, see e.g. [57, 62]. It should be noted, however, that
disturbance rejection is possible with a mechanical governor as well, provided
that the speed reference value may be adjusted electronically [63].
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To fulfil stricter regulations on emissions, larger modern diesel engines often
require exhaust gas recirculation and variable-geometry turbochargers, which
introduce additional engine control inputs [64]. The so-called smoke-limiter
function is also used to limit the emissions. Combined with turbo lag, this
function causes a delay from desired fuel input to actual output torque during
transients [65]. Detailed studies of the transient effects of the smoke-limiter or
control inputs other than injected fuel are not within the scope of this thesis
but have, for instance, been studied in [66].

Torque Control

The implementation of torque control is different in hybrid and non-hybrid
HMTs. In the non-hybrid case, pressure control may be used [67, 68]. For the
hybrid case, torque control is achieved with the principle of secondary control
[11]. This solution requires a translation from the hydraulic motor torque to
transmission output torque according to the transmission kinematic relation-
ships. For power-split transmissions, different configurations then facilitate
torque control implementation to different degrees [29]. For multiple-mode
concepts, this aspect poses a challenge when developing a powertrain control
strategy. Since each mode may be treated as a unique transmission configura-
tion, a systematic way of realising torque control is required.

Requirements

In light of the topics discussed in the previous sections, some requirements may
be formulated for the powertrain control strategy of a hybrid HMT in a heavy
mobile working machine. In summary, this strategy may be expected to:

• be easy to connect to an energy management strategy,

• take displacement controller dynamics into account,

• handle pressure control,

• handle ICE speed control,

• ensure that torque control for the operator is achieved,

• take disturbances from external loads and additional power consumers
into account,

• be easy to apply to a multiple-mode power-split transmission configura-
tion.

In this thesis, decoupled control is considered as a suitable strategy to fulfil
these requirements.
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2.3.5 Decoupled Control
The basic idea of decoupled control is that a MIMO system is converted into
a number of Single-Input-Single-Output (SISO) loops that are treated as in-
dividual systems. This is done by first implementing a suitable decoupling
strategy, usually based on a model of the system in question [69]. In general, a
primary motivator of this approach is to cancel out cross-couplings and enable
simple implementation and tuning [70]. Another aspect that motivates decou-
pled control of hybrid HMTs is that one of the controllers may be interpreted
as the operator who controls the output speed. This loop is, therefore, out of
reach for the control design and should then be as decoupled as possible. In
addition, the decoupled strategy may be used to translate the system to one
that is independent of the transmission configuration. This feature is highly
attractive in a multiple-mode concept, since the configuration changes in be-
tween each mode, and the mode shift should be as smooth as possible. The
high capacitance of the accumulator also has a decoupling effect, which should
facilitate implementation of decoupled control.
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3
Methodology

To assess the different control aspects, the method illustrated in figure 3.1 was
applied during the thesis work. The method is based on the following concepts:

• Modelling

• Simulation

• Experiments

}
Hardware-in-the-Loop (HWIL) simulation

The method aims at increasing knowledge inductively via the application of
established theories on a bounded system which is desired to be controlled. For
example, the system boundaries were put around the displacement controller
in papers [II, III], while the complete vehicle with engine and transmission was
considered in papers [I, IV, V]. The different concepts are described in more
detail in the following sections.

Modelling Validated
model

Validated
control
strategy

Established
theories

System

Experiments

Validation/
Simulation

Simulation

Experiments

Increased
knowledge

Control
strategy

development

HWIL
simulation

Full
system

Modelling

Validation/
Exploration

Figure 3.1 Illustration of the method used during the thesis work. Dashed
lines imply external experimental validation.
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3.1 Modelling and Simulation
To develop an appropriate system control strategy, the system is first modelled.
In general, a model may be defined as an abstracted representation of reality.
In the scope of this thesis, the definition according to [71] is probably more
accurate, where a model of a system is considered as a tool used to answer
questions about the system without a need to conduct experiments. The type
of models used here are mathematical, where the relationship between the sys-
tem’s physical quantities is represented by mathematical differential equations.
For the development of control strategies of non-linear hydraulic systems, the

use of linearised models is well established. Fundamental work was presented
by Merritt in 1967 [47], and since then, the concept has been applied to both
working hydraulics systems [72, 4], HSTs [73], HMTs [74] and secondary con-
trolled systems [43]. The approximative nature of these models does require
support from non-linear models in terms of quantitative fidelity, but provides
unique qualitative knowledge [73].
Following the definition of a model, a simulation may be defined as a (virtual)

experiment performed on the model [71]. There are several reasons to perform
simulations rather than real-life experiments [75]:

• Simulations are cheaper, less time-consuming and safer.

• The full real system may not exist (yet).

• Not all variables are measurable in the real system.

• Models are easier to modify than the real system.

• Simulation allows for suppression of disturbances and effects that are of
no or little interest.

For linear models, a big advantage is that they may be conveniently ex-
pressed in the frequency domain. Simulations in e.g. bode plots and block
diagrams then provide valuable insight into aspects such as stability margins
and the causal effects of the system’s input signals on its output signals [41].
These simulations may then be complemented with computer-based numerical
simulations in the time-domain of both linear and non-linear models with higher
quantitative fidelity. In this thesis work, these simulations have been performed
with the Transmission Line element Method (TLM). This method is based on
the theory of bilateral delay lines which introduces physically motivated time
delays to model physical components [76]. This enables the use of distributed
equation solvers without introducing numerical errors and consequently, fast,
numerically stable simulations with high accuracy may be achieved [77]. For
the implementation of TLM, the Hopsan simulation software has been used.
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3.1.1 Hopsan

Hopsan is open-source, multi-domain simulation software developed at the di-
vision of Fluid and Mechatronic Systems (Flumes) at Linköping University
[78]. Since the first version was released in 1977 [79], development has been
continuously ongoing. Over the years Hopsan has, for instance, been used for
the simulation of HSTs [73] and HMTs [74, VI], and simulation-based optimi-
sation of series hydraulic hybrid vehicles [80]. The current generation, Hopsan
NG, is object-oriented, written in C++ and uses a fixed-step solver for TLM
implementation [81].
In Hopsan, a simulation model is divided into a number of subcomponents.

Each subcomponent then represents a physical component, e.g. a hydraulic
pump/motor or a mechanical gear. The components are connected with power
ports that correspond to physical interfaces with the flow/effort variables of
the specific power domain, as commonly used in bond graph modelling [71].
Due to TLM, the power ports also contain wave variables and characteristic
impedance. See [77, 79] for further details on the implementation of TLM in
Hopsan.
During the work presented in this thesis, Hopsan subcomponent models have

been created and enhanced continuously. These have then been combined with
components from Hopsan’s default library to create different system models
depending on the question currently being investigated. An example of the
system model used in paper [IV] is shown in figure 3.2. In the appended papers,
some of the subcomponents are derived in detail while others are described
qualitatively. Component model derivations not provided in the appended
papers are therefore included in appendix A in this thesis.

Figure 3.2 Hopsan system model used for offline simulation of the ICPS
hybrid in paper [IV].
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3.2 Model Validation
To ensure that the model captures the relevant system behaviour, it is vali-
dated against real system experiments. The validation process is iterative and
creative, where an experiment is first carried out on the real system and then
repeated in simulation. The simulated and measured results are compared, the
model parameters and equations are updated, and new experiments are con-
ducted. The validation process is thus a loop in which each model generation
is a new hypothesis which is falsified to enhance the model.
As the model fidelity increases, the number of model parameters tends to

grow rapidly. This aspect makes it difficult to find the “best” parameter set
for a certain model generation. To handle this problem, the built-in optimi-
sation feature in Hopsan was frequently used during the thesis work. Figure
3.3 shows an example of the model used for validation of the displacement con-
troller models derived in paper [II]. The reference displacement setting, system
pressure and shaft speed logged during a measurement are sent as input to the
model. The optimisation loop then varies the model parameters (e.g. fric-
tion, valve break frequency) to minimise the absolute average error between
the simulated and measured control piston pressure and resulting relative dis-
placement.
A key aspect during the validation process, is the definition of “relevant sys-

tem behaviour”, which determines both what system behaviour is trying to be
captured and, in turn, what experiments are conducted. When the model’s pur-
pose is control strategy development, dynamic properties such as time delays,
damping and time constants are of high importance, but also non-linearities
and static gains.

Figure 3.3 Hopsan system model used for validation of the displacement
controller model in paper [II].
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3.3 Control Strategy Development and Validation
After the model has been validated it is used for control strategy development.
Here, the model is explored, and different control strategy candidates are tested
and rejected in simulation. As illustrated in figure 3.1, this process acts as val-
idation of the control strategy, quite similar to the model validation process,
with the difference that the falsification is done in simulation. Eventually, one
candidate is found suitable for the control of the real system, and is validated
in an experiment. Being based on a model, there is always a difference between
the strategy’s simulated and real performance. However, since the model is
validated, this difference should be sufficiently small to either accept, or handle
with fine-tuning of the control parameters. If the difference is unacceptably
large, it means that the strategy is based on the wrong assumptions. Conse-
quently, this “final” experiment also validates the model which, in turn, may
lead to a new control strategy candidate.
Similar to the model validation, a difficulty lies in defining “suitable” when

evaluating the control strategy. In turn, this aspect depends on the require-
ments of the specific application. During the thesis work, the requirements
have been obtained from previously published research and discussions with
experts in the field.

3.4 External Experimental Validation
When large systems with high complexity and multiple components are consid-
ered, experimental validation of all components is not always possible. In this
case, the control strategy development relies on externally validated models, as
indicated with dashed arrows in figure 3.1. This aspect also affects the control
strategy validation. When available, the full system may be used in this experi-
ment. When not, the strategy validation can be performed in offline simulation
or HWIL simulation.
In the work presented in this thesis, all experiments were carried out in the

test rig described in section 3.6. Models for system components not validated in
the rig were based on validated models from academic papers and text books.

3.5 Hardware-in-the-Loop Simulation
An HWIL simulation may be defined as a time-domain simulation of a model
that contains both physical (hardware) and virtual (software) representations
of a studied system. In the literature, HWIL simulation commonly refers
to Controller-Hardware-in-the-Loop (CHIL) simulation, which is the real-time
testing of control code in a physical control unit (the hardware) that interacts
with software system models. This interaction takes place in the signal do-
main with low power levels. In this thesis, HWIL simulation rather refers to
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Power-Hardware-in-the-Loop (PHIL) simulation, which, in contrast to CHIL
simulation, has substantial power amplification present in the hardware/soft-
ware interface [82]. With this feature, HWIL simulation may be interpreted as
an extension to pure offline simulation, where any model component may be
replaced with its hardware equivalent, for instance a hydraulic pump or an elec-
tric motor. This interpretation of HWIL simulation is illustrated in figure 3.4,
where the concept is regarded as a middle-way alternative between pure offline
simulation and full system experiment when validating a control strategy.

Control
Strategy

System model
Software

(a) Offline simulation.

Control
Strategy

Software

Hard-
ware

System model

Hard-
ware

(b) HWIL simulation.

Control
Strategy

Hardware

System

(c) Full system experi-
ment.

Veris
imilitud

e

100 %

Hardware/software density

Experimentalfreedom

Cost

(d) Cost, experimental freedom and verisimilitude.

Figure 3.4 Conceptual illustration of HWIL simulation as a tool for control
strategy validation.

The use of HWIL simulation is relatively common within fluid power re-
search in academia. In an early example (1989), Krus and Palmberg [83] used
a hydraulic servo valve to simulate a load-sensing system connected to a real
lorry crane, in a concept referred to as “hybrid simulations”. A load simula-
tor for HSTs was developed by Jansson et. al. in 1993 [84], and used for the
testing of control strategies by Lennevi and Palmberg in 1995 [85]. In 1999
[74], Sannelius used HWIL simulations in the testing of control strategies for
the two-motor transmission. In 2002, Zhang and Alleyne [86] used a general
vehicle powertrain simulator in the development of MIMO control strategies for
earthmoving vehicles. Each power consumer in the vehicle (steering, transmis-
sion, working hydraulics etc.) was then simulated by a hydraulic motor, while
the prime mover was simulated with an induction motor. In 2014, Sprengel
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and Ivantysynova [87] used HWIL simulation for control strategy evaluation of
their blended hydraulic hybrid. In the automotive industry, the concept has
traditionally been limited to CHIL. According to Fathy et. al [88], however,
the development of simulation and testing facilities has transformed HWIL
simulation from a control validation tool to a full system integration tool.
The choice of HWIL simulation in favour of any of its two extremes may be

motivated by comparing their respective pros and cons, as illustrated in figure
3.4d. Offline simulations offer low cost and high experimental freedom since, for
instance, a model is easy to modify and allows for observation of all the system
variables (recall section 3.1). On the other hand, a full system experiment
offers high verisimilitude (truthlikeness). That is, the more hardware that is
included in the experiment, the closer to reality it is (should be).

3.5.1 The Hardware-in-the-Loop Interface
The key to successful HWIL simulation lies in the hardware/software interface,
illustrated in figure 3.5. On a conceptual level, the interface may be com-
pared with power ports similar to those used in bond graph modelling [87].
In the HWIL power port, the flow/effort variable is then determined by the
software, while the effort/flow variable is determined by the hardware. At the
implementation level, this is realised with control [88]:

“...an H(W)IL simulator is in essence a control system whose
virtual components command its hardware to ‘track’ a hypothetical
reference ‘system’.”

HardwareSoftware

HWIL power port

Flow/
Effort

Effort/
Flow

(a) Conceptual (modelling) level.

Software

Real-time simulation

Power amplification

Control

Signal conditioning

Sensors

Hardware

Flow/Effort

Effort/Flow

Effort/Flow

Flow/Effort

(b) Implementation level, adapted from
[82, 88].

Figure 3.5 Different levels of the HWIL interface.

The dependence on real-time control introduces a number of key enablers of
HWIL simulation, as listed by Fathy et. al. [88]. For instance, high bandwidth
and accuracy of the control are required to maximise the reliability of the
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results. Consequently, a strong focus in previous research has been on control
aspects of HWIL simulation, e.g. [84, 74, 89]. Another important enabler is
the hardware/software integration, which may be divided into partitioning and
connection causality.
Partitioning relates to the question of how much, and which parts of the

studied system should be represented as hardware or software. The answer to
this question is usually a result of the combination of the scope of the investi-
gation and what is feasible (recall figure 3.4d). In the context of transmission
development, Sannelius [74] distinguishes between component focus, where a
system is simulated around a new (hardware) component, and system focus,
where the new component is simulated in an existing (hardware) system. If
a specific HMT concept is investigated, it is convenient to represent the en-
gine and vehicle as software and the transmission as hardware [87]. In [84],
where an HST is in focus, the engine is represented as a servo valve-controlled
pump/motor, while the vehicle is represented as an equivalent inertia (flywheel)
with simulated load torque. When aspects such as emissions and fuel efficiency
are studied, the engine is usually represented as hardware connected to a dy-
namometer which emulates a vehicle, then referred to as Engine-in-the-Loop
[90]. With so-called rolling road or chassis dynamometers, the complete vehicle
is present as hardware, while its surroundings are emulated [91]. The parti-
tioning also determines in which power domain the HWIL interface is inserted,
which in turn affects the control implementation. For fluid power systems
and HMTs, hydraulic (pressure/flow) or mechanic rotational (torque/angular
velocity) interfaces are most often used [74].
Connection causality relates to the question of whether the interface’s flow

variable (flow/speed) should be determined by the hardware, while the effort
variable is determined by the software (pressure/torque), or vice versa. The
answer to this question is highly influenced by the behaviour of the hardware
and the control performance of the HWIL interface. For instance, the funda-
mental difference in the dynamic behaviour of hybrid and non-hybrid HSTs
(recall section 2.2.1) motivated a switch from torque to speed control of the
output shaft during HWIL simulation of the blended hybrid in [87]. Another
example of causality-related difficulties is inertia simulation. If the software
controls the speed of a transmission output shaft, vehicle inertia simulation
can be carried out via integration of the measured shaft torque. On the other
hand, if the software controls the shaft torque, inertia simulation is carried out
based on angular acceleration, which often needs to be estimated as the speed
time derivative [89]. Another alternative is to represent vehicle inertia as a fly-
wheel and add air drag and other losses via torque control. This is often carried
out in rolling road dynamometers, where a set of flywheels can be combined to
simulate different vehicle sizes [91]. In a combined approach, Jansson et. al.
[84] found that the inertia of the flywheel could be increased by around 240 %
through estimation of the acceleration, and that higher increases were limited
by the stability of the control loop.
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Fixed-step integration is another key enabler of HWIL simulation [88]. In this
sense, the use of TLM for software system representation is highly motivated,
as it enables the use of numerically robust distributed solvers for efficient real
time simulation [92]. It also motivates the use of TLM for offline simulation
of the full system, since the same model can be re-used during the HWIL
simulation without making reductions in model fidelity [5].

3.6 Test Rig
The test rig described in this section has been used for evaluation of control
strategies in HMTs in previous research carried out at the division [73, 74,
93, 5]. The rig was modified for the work carried out in this thesis and has
been used for all experiments presented. More specifically, it was used for
HWIL simulation for powertrain control strategy validation in paper [V], and
for model validation and full system control strategy validation of displacement
controllers in papers [II] and [III], respectively.

3.6.1 Hardware-in-the-Loop Implementation
The test rig is shown in figure 3.8. The basic idea of the setup is to enable
HWIL simulation of the generic hybrid HMT shown in figure 1.1. In relation
to the previously discussed topics, the following implementations are made:

Partitioning: The hardware part of the simulation is the hydraulic circuit,
while engine, transmission subsystem and vehicle are represented as software.
This partitioning facilitates testing of different transmission concepts by al-
tering the software model. The hydraulic circuit contains two Bosch A11VO
four-quadrant in-line axial piston units with 110 cm3/rev displacement. These
are equipped with electro-hydraulic displacement actuators that are controlled
with external feedback, see section 4.2 and papers [II, III]. They are connected
in open circuit with two 20-L piston accumulators connected in parallel on
the high-pressure side. A servo-valve is connected to the high-pressure side to
simulate the effect of flow disturbances.

Connection causality: The shaft torques of the hydraulic units are meas-
ured in the test rig and sent to the model, which calculates the corresponding
shaft speeds. These values are sent to the rig controller, which controls the
actual shaft speeds in closed loop with a servo valve-controlled pump/motor
connected to each hydrostatic transmission unit. See Appendix B for details
concerning the rig controller. This causality (measure torque→ control speed)
is motivated by the fact that the hydrostatic units act as torque sources due to
the impressed system pressure [87]. No flywheels are used on the shafts, since
all vehicle and engine inertial effects are present in the model.
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Real-time and fixed-step integration: The software model is implemented
as a Hopsan model executed on a National Instruments PXI computer that
runs in real time with a sampling frequency of 1 kHz. This computer also
handles the control of the HWIL interface. The full Hopsan offline simulation
model is re-used by replacing the hydrostatic circuit with torque sources and
adding communication ports, compare figures 3.2 and 3.6. Communication with
the PXI computer for software model/controller updates and during HWIL
simulation in real time is carried out on a LabVIEW-based Graphical User
Interface (GUI) called Viking [94], see figure 3.7. See [95] for details on the
implementation of the real-time Hopsan simulation and paper [II] for further
details on the data acquisition system hardware.

Figure 3.6 Hopsan system model used for HWIL simulation of the ICPS
hybrid in paper [V]. Note that input/output interface components and signal
noise filters have been added compared to the model in figure 3.2.

(a) Main view panel. (b) Hopsan model panel.

Figure 3.7 View panels from the Viking GUI.
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Figure 3.8 Overview of the HWIL simulation test rig used in the thesis work.
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4
Contributions

The control aspects highlighted in chapter 2 and in figure 1.1 have been investi-
gated in the appended papers. This chapter summarises the primary findings.

4.1 Mode Shifting
On a powertrain control level, the mode shift is often simplified to a discrete
event in which the transmission subsystem switches instantaneously from one
single-mode configuration to another. In paper [I], continuous aspects of mode
shifting in hybrid HMTs are explored. The approach to this exploration is that
a non-hybrid HMT is hybridised by adding an accumulator to the hydraulic
circuit. As previously discussed, this action changes the dynamic behaviour of
the pressure in the circuit. Instead of being a consequence of the load, it is
rather determined by the accumulator’s state-of-charge, and the hydraulic unit
torques are determined by their displacements.
During a mode shift, one clutch is engaged, and another one is disengaged.

After the new clutch has been engaged, the kinematic relationships of the
transmission subsystem have changed. For a smooth mode shift, the hydraulic
circuit needs to adapt to this change within the mode shifting event. As dis-
cussed in section 2.3.3, this adaptation is neatly handled in non-hybrid HMTs
with synchronised mode shifts. The variator speeds are then equal in the two
modes, but the variator power flow and torques change direction during the
shift. This change is handled automatically in the non-hybrid variator, as the
pressure adapts to the load. In the hybrid case, however, rapid changes in
torque are realised by rapid changes in displacement, and too slow a displace-
ment controller response would affect the mode shift negatively.
To study the severity of this effect, a transmission concept with synchronised

modes shifts, shown in figure 4.1, was studied in simulation in paper [I]. The
concept has a pure hydrostatic mode near zero vehicle speed (clutch Sh is
engaged) and an ICPS mode in forward (clutch Sfwd) and reverse (clutch Srev).
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Sfwd
Srev

Sh

Unit 1

Unit 2

Figure 4.1 Hybrid multiple-mode HMT studied in paper [I]. The clutch Srev
was not used in the investigation.

Figures 4.2a and 4.2b show results of a simulation of the hybrid HMT in figure
4.1 during a shift from pure hydrostatic to ICPS mode (clutches: Sh → Sfwd) at
constant acceleration. Unit 2 determines the output torque in both modes and
controls the vehicle speed. As seen in figure 4.2b, the mode shift implies a step
in Unit 2’s relative displacement from approximately 0.2 to -0.3. Due to the
dynamics of the displacement controller, this does not happen instantaneously,
which results in a disturbance in vehicle speed.

The Effect of the Displacement Controller Response

Figure 4.2c shows the relative drop in vehicle speed for different rise times
of unit 2. There is a clear trend in terms of more severe disturbance for a
slower displacement controller. It may also be observed that the severity of
the disturbance is related to the load, as larger output torques require larger
relative displacement and therefore larger steps in relative displacement during
the mode shift. Another noteworthy phenomenon is that the drop increases if
the displacement actuators are too fast. This is explained by the fact that there
are also some dynamics in the clutches, and if the displacement controllers are
too fast they will affect the output torque before the clutches have changed the
kinematic relationships. In turn, this stresses the importance of synchronising
the clutches with the displacement controllers.
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Figure 4.2 (a) and (b): Simulation of a mode shift from hydrostatic to ICPS
mode in the hybrid multi-mode HMT in figure 4.1. (c) shows how the velocity
drop shown in (a) varies for different loads and displacement controller responses.
Displacement rise time is defined as the time it takes to realise ε: 0 → 1. The
relative velocity drop is calculated as the maximum relative velocity deviation
after the shift

(
vdev = vveh,ref−vveh

vveh,ref

)
.

4.2 Displacement Control
To understand the dynamic behaviour of displacement controllers, models of
the axial piston units used in the test rig (see section 3.6) were derived and
validated in paper [II]. Displacement control strategies were developed in paper
[III]. This section summarises the primary findings of papers [II, III].
The displacement of the studied unit is varied by an electrohydraulic ac-

tuator mechanism, shown schematically in figure 4.3. The control problem
is equivalent to a three-way valve controlled piston position servo, where the
controller, Fε(s), sets the Pulse-Width-Modulated (PWM) signal, uPWM , of
a proportional spool valve to vary the swash plate angle, α. α is, in turn,
measured with a Hall effect sensor, which enables external closed-loop control
of the displacement setting, ε.
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Figure 4.3 Displacement actuator mechanism in the axial piston unit used
in the test rig.

4.2.1 Linearised Model
In the derivation of this model, an important assumption is that psys is im-
pressed. Also, the hydraulic eigenfrequency, as defined in [47], is assumed to be
very high and dominated by the valve dynamics. This assumption is motivated
by the small piston chamber volume and low inertia of the moving masses [48].
For the studied unit, it was found that a first order system with lumped valve
and solenoid dynamics agreed closely with the experiments [II]. The open-loop
transfer function from valve input signal, uPWM , to relative displacement, ε,
may then be written as:

GO,ε(s) = ε

uPWM
= Ks

s
(
s
ωv

+ 1
) (4.1)

where Ks is the lumped static loop gain:

Ks = KPWMKq

A1Lspαmax
(4.2)
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The valve flow gain, Kq, is determined according to:

Kq = − ∂qε
∂xv

=

Cqdπ
√

2
ρoil

(pc,0 − pT ), xv ≥ 0

Cqdπ
√

2
ρoil

(psys,0 − pc,0), xv < 0
(4.3)

where psys,0 and pc,0 are linearisation points of the system and control piston
pressures. psys,0 varies slowly with the accumulator’s state-of-charge, while
pc,0 is a consequence of the control piston force equilibrium and the area ratio
between the two pistons [II].

4.2.2 Control
The pure integrator in GO,ε requires a feedback loop for stabilisation. Two
candidates for Fε were studied in paper [III]. The first, a standard Proportional
controller (P-controller):

Fε = Kε (4.4)

The second, a Proportional controller with lead compensator (P-lead-
controller):

Fε(s) = Kε

s
ωF,1

+ 1
s

ωF,2
+ 1 (4.5)

Neither candidate contains purely integrating elements. This is motivated
partly by the existence of a pure integrator in GO,ε and partly by a desire to
avoid problems caused by integrator wind-up when the controller is used as an
inner loop in a full system.

4.2.3 Parametrisation: Pole Placement
Both controller candidates are parametrised by placing the poles of the closed-
loop system:

Gε(s) = FεGO,ε
1 + FεGO,ε

= 1
s2

ω2
a

+ 2δa
ωa
s+ 1

(4.6)

where the desired closed-loop resonance frequency, ωa, and relative damping,
δa, are given as input.

P-controller

Equations (4.1) and (4.4) with identification of ωa and δa in equation (4.6) yield
that the controller gain, Kε, in the P-controller may be chosen with either ωa
(equation (4.7)) or δa (equation (4.8)) as input.
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Kε = 1
ωvKs

ω2
a (4.7)

Kε = ωv
4Ks

1
δ2
a

(4.8)

Equations (4.7) and (4.8) yield the following relationship between δa and ωa:

ωaδa = ωv
2 (4.9)

With a P-controller there is thus a compromise between damping and res-
onance (i.e. response), and to increase both of them simultaneously a faster
valve is required.

P-lead-controller

Equations (4.1) and (4.5) with identification of ωa and δa in equation (4.6)
yield that ωF,1 and ωF,2 in the P-lead-controller may be chosen according to
equations (4.10) and (4.11), respectively.

ωF,1 = ωv (4.10)

ωF,2 = 2ωaδa (4.11)

The controller gain, Kε, may be chosen according to:

Kε = ωa
2Ksδa

(4.12)

With the P-lead-controller, the damping and resonance are decoupled and
may therefore be chosen independently of each other. Equation (4.10) means
that there is a pole cancellation of the valve dynamics. With a ωF,2 significantly
higher than ωv, a significantly faster response with maintained damping is
therefore possible with the P-lead-controller compared to the P-controller.

4.2.4 Simulations and Measurements
Figure 4.4 shows measured and simulated step responses for the P-controller
and the P-lead-controller for different values of ωa and δa. The P-controller
was designed with a desired ωa as input according to equation (4.7). For both
controllers, ωv = 26.6 rad/s and Ks = 0.76 were used. These values correspond
to a shaft speed of 1000 rpm and a system pressure of 100 bar. The compromise
with the P-controller is well illustrated in figure 4.4, as a faster response leads to
decreased damping. In contrast, the response time of the P-lead-controller may
be improved with a constant relative damping. The P-lead-controller manages
responses with ωa = 90 rad/s with a relative damping of δa = 0.8, while the
P-controller is limited to ωa = 20 rad/s for approximately the same damping.
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ulated.
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(d) P-lead-controller with δa = 0.8,
measured.

Figure 4.4 Simulated (top) and measured (bottom) step responses with dif-
ferent values of ωa with P-controller (left) and P-lead-controller (right). The
simulations were made with the model derived in paper [II]. The results were
obtained for a shaft speed of 1000 rpm and system pressure of 100 bar.

For larger step magnitudes, see figure 4.5, non-linearities affect the control
performance. Primarily, these are saturation in valve flow and limitation in
valve input signal. The saturated valve flow may be observed as constant
velocity in the beginning of the steps, while the limited valve input signal
causes an over-damped behaviour in the end of the larger steps.
Figure 4.6 shows measured time constants for different step sizes and sys-

tem pressures. The displacement controller becomes slower as the step size
increases, which is due to the limitations in voltage and valve stroke. For
step sizes below 0.3, the pressure has little effect on the response. For larger
steps, increased pressure decreases the time constant primarily because of the
maximum deliverable flow of the valve that increases with the pressure.
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(a) Rig measurements. (b) Hopsan simulations.

Figure 4.5 Measured (a) and simulated (b) step responses at 1000 rpm and
200 bar with ωa = 90 rad/s, and δa = 0.9 with a P-lead-controller. The simula-
tions were made with the model derived in paper [II].

Figure 4.6 Measured time constants (0→63 %) for different relative step
sizes and pressures. The same controller as the one used for the results in figure
4.5 was used in all cases. All tests were carried out at a shaft speed of 1000 rpm.

4.2.5 Summary

A key component that limits the response of the displacement controllers is
the control valve. The valve’s bandwidth dominates the dynamics for small
variations in displacement, while saturation in flow and input signal limits the
response for larger variations. The P-lead-controller may be used to signifi-
cantly reduce the influence of the valve dynamics, but valve flow saturation
may only be solved with a bigger valve. With knowledge of the valve dynam-
ics and the static loop gain, pole placement may be used to parametrise the
P-lead-controller in a convenient manner. Instead of trimming the specific con-
trol gains and frequencies manually, the resonance ωa, and damping, δa, of the
closed-loop response can be used as direct input from a control designer. The
appropriate choice of ωa and δa depends on the outer loop. This is studied in
more detail in the following section.
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4.3 Powertrain Control
A decoupled MIMO control approach for powertrain control was proposed and
tested in simulation in paper [IV]. In paper [V], this approach was tested in
HWIL simulations and compared to a baseline approach based on proportional
SISO control. This section summarises the primary findings of papers [IV, V].

ε2,ref

ε1,ref

uICE

GT (s)

KICE

JICE

BICE

ωICE

Text,ICE

ωout

Jv

Bv

Text,v

C

D1 Kc

pT

psys
ε1 ε2

D2

Qext

Gε,1 (s)

Gε,2 (s)

Transmission
subsystem

[
am bm
cm dm

]
n modes

Engine Vehicle

Hydraulic
circuit

Unit 1 Unit 2

Figure 4.7 Linear lumped-parameter model of the general multiple-mode
hybrid hydromechanical transmission shown in figure 1.1, with vehicle expressed
in the rotational domain.

4.3.1 Linearised Model
To understand the powertrain dynamics and derive the decoupling strategy
used in the decoupled MIMO control approach, a linearised model of the general
vehicle shown in figure 1.1 was derived in paper [IV]. This model, illustrated
in figure 4.7, relies on a number of assumptions:

• The tank pressure, pT ≈ 0, is constant.

• Both hydraulic units may realize four-quadrant operation, i.e. ε1/2 ∈
[−1, 1].

• The hydraulic circuit capacitance is dominated by that of the accumula-
tor, C, and is high.

• The accumulator operates within minimum and maximum pressure levels
(i.e. it is never empty).

• All mechanical inertia is concentrated at the engine (JICE) and the ve-
hicle (Jv).

• The engine operates at idling speed or above at all times.

• The transmission subsystem is lossless, and each mode, m, is constituted
by one of the single-mode configurations mentioned in section 2.2.2.
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To achieve a general powertrain description, which is not limited to one
transmission configuration, a matrix description according to [20] is used to
model the transmission subsystem:

[
ω1
ω2

]
= Iω

[
ωICE
ωout

]
=
[
am bm
cm dm

] [
ωICE
ωout

]
,[

TICE
Tout

]
= −Itω

[
T1
T2

]
=
[
−am −cm
−bm −dm

] [
T1
T2

] (4.13)

where ω1/2 and T1/2 are the shaft speeds and torques of the hydraulic units.
The matrix elements (am, bm, cm, dm) are lumped representations of the gear
ratios and planetary gear constants active in mode m. Their numerical values
therefore depend on the exact mode configuration. However, the single-mode
configurations presented in section 2.2.2 may be identified by setting some of
the elements equal to zero [29], as illustrated in table 4.1.

Table 4.1 Speed kinematics matrix for different transmission subsystems.

Series ICPS OCPS Compound

Configuration

Iω

[
am 0
0 dm

] [
am 0
cm dm

] [
am bm
0 dm

] [
am bm
cm dm

]

In the frequency domain, the linearised model is described as:

 psysωout
ωICE

 = GO(s)

εref,1εref,2
uICE

−
 1
Cs+KC 0 0

0 1
Jvs+Bv 0

0 0 1
JICEs+BICE

 Qext
Text,v
Text,ICE


(4.14)

where GO(s) is the open-loop transfer function matrix:

GO (s) =
D1(amωICE,0+bmωout,0)Gε,1(s)

Cs+KC
D2(cmωICE,0+dmωout,0)Gε,2(s)

Cs+KC 0
− bmD1psys,0Gε,1(s)

Jvs+Bv −dmD2psys,0Gε,2(s)
Jvs+Bv 0

−amD1psys,0Gε,1(s)
JICEs+BICE − cmD2psys,0Gε,2(s)

JICEs+BICE
KICEGT (s)
JICEs+BICE


(4.15)
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GO(s) may be factorised according to:

GO(s) = Gsys(s)Gts,m(s) (4.16)
where Gsys (s) is a diagonal matrix that contains the governing dynamics of

each state:

Gsys (s) =

 1
Cs+KC 0 0

0 1
Jvs+Bv 0

0 0 1
JICEs+BICE

 (4.17)

and Gts,m (s) contains transmission kinematics and actuator dynamics:

Gts,m (s) =[
D1 (amωICE,0 + bmωout,0)Gε,1 (s) D2 (cmωICE,0 + dmωout,0)Gε,2 (s) 0

−bmD1psys,0Gε,1 (s) −dmD2psys,0Gε,2 (s) 0
−amD1psys,0Gε,1 (s) −cmD2psys,0Gε,2 (s) KICEGT (s)

]
(4.18)

The turbo dynamics are modelled according to [96]:

GT (s) = τT s+ 1
τT
Kτ
s+ 1 (4.19)

A block-diagram representation of the model in figure 4.7 is shown in figure
4.8. The transmission subsystem causes cross-couplings between the pressure
and output speed loops, while the engine speed loop is subject to disturbances
from the other loops.

ε1,ref Gε,1 (s)

Gε,2 (s)

GT (s)

D1
(
amωICE,0 + bmωout,0

)

D1psys,0

D2psys,0

−bm

−dm

−cm

−am

KICE

Qacc

Tout

TICE,net

Text,ICE

Text,v

Qext

Vehicle

Engine

1
Cs+KC

1
Jvs+Bv

1
JICEs+BICE

psys

ωout

ωICE

ε2,ref

uICE

D2
(
cmωICE,0 + dmωout,0

)
T1

T2

Hydraulic circuit

TICE

Gts,m(s) GO(s) Gsys(s)

Figure 4.8 Block diagram of the linear model in figure 4.7 linearised at
(psys,0, ωout,0, ωICE,0).
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4.3.2 Control
The decoupled control strategy proposed in papers [IV, V] is illustrated in
figure 4.9. The basic idea is that a decoupling matrix, Wm, is defined for
each mode, m, so that the control problem is simplified to three decoupled
SISO loops with one controller each. At this level, a mode shift thus implies a
switch from one Wm to another. Although dynamic decoupling is possible [70],
static decoupling is considered enough here. Wm is calculated to let the SISO
controllers control the inputs of Gsys:

Wm =G−1
ts,m (0) =

dm
(amdm−bmcm)D1ωICE,0

cmωICE,0+dmωout,0
(amdm−bmcm)D1psys,0ωICE,0

0
bm

(bmcm−amdm)D2ωICE,0

amωICE,0+bmωout,0
(bmcm−amdm)D2psys,0ωICE,0

0
psys,0

KICEωICE,0

ωout,0
KICEωICE,0

1
KICE

 (4.20)

In paper [IV], it was found that the decoupling is facilitated if the displace-
ment controllers have equal response. This condition is not self-evidently ful-
filled since the two units may be of different types and sizes. It is, however,
possible with the P-lead-controller strategy proposed in section 4.2. The dis-
placement controllers are then modelled according to:

Gε,1(s) = Gε,2(s) = Gε(s) = 1
s2

ω2
a

+ 2 δaωa s+ 1
(4.21)

This results in the following decoupled open-loop transfer function, G̃O (s):

G̃O (s) =GO (s)Wm =
Gε(s)
Cs+KC 0 0

0 Gε(s)
Jvs+Bv 0

psys,0(GT (s)−Gε(s))
ωICE,0(JICEs+BICE)

wout,0(GT (s)−Gε(s))
ωICE,0(JICEs+BICE)

GT (s)
JICEs+BICE

 (4.22)

The following can be noted concerning Wm and G̃O:

• Wm contains linearisation points of pressure and shaft speeds. Conse-
quently, gain scheduling is required to ensure that G̃O(s) according to
equation (4.22) is achieved.

• G̃O(s) is independent of mode m.

• Since Wm is static, the difference between the displacement controller
dynamics and turbo dynamics causes dynamic disturbances in the engine
control loop.
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The diagonal controller, F diag (s), is chosen based on the diagonal elements
of G̃O(s). Proportional control is considered to illustrate the distinguishing
features of the decoupled control:

F diag (s) =

F1(s) 0 0
0 F2(s) 0
0 0 F3(s)

 =

K1 0 0
0 K2 0
0 0 K3

 (4.23)

The decoupled open-loop transfer function matrix in equation (4.22) may be
interpreted as three individual SISO loops controlled by the diagonal elements
of F diag(s), as illustrated in figure 4.10.

Qacc,ref
Gε (s)

GT (s)

Qacc

TOUT

TICE,net

Text,ICE

Text,v

Qext

Vehicle

Engine

1
Cs+KC

1
Jvs+Bv

1
JICEs+BICE

psys

ωout

ωICE

Tout,ref

TICE,net,ref

Hydraulic circuit

GT (s)−Gε(s)
ωICE,0

ωout,0

F1(s)

Gε (s)F2(s)

F3(s)

(Operator)

psys,ref

ωout,ref

ωICE,ref

psys,0

Figure 4.10 Block diagram of the decoupled system with SISO controllers.
The dashed lines indicate that the signal is zero in the steady-state.

The frequency response of the pressure and output speed SISO open loops
with proportional control is shown in figure 4.11. These loops are of the same
order and are very similar to the pure secondary control loop shown in section
2.3.1. Since the displacement controller dynamics are of the second order, the
phase shift is more than -180 degrees, and instability may occur. Under the
assumption that KC

C � ωa and Bv
Jv
� ωa, the following conditions may be

formulated on K1 and K2 for stability:{
K1 < 2Cδaωa
K2 < 2Jvδaωa

(4.24)

As shown in equation (4.24), the stability of the pressure and output speed
loops relies on displacement controllers with high bandwidth and damping.
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In addition, the stability margins vary with the vehicle inertia (Jv) and the
accumulator capacitance (C). This effect is also illustrated in figure 4.11. As
shown in appendix A.5, the capacitance varies with the system pressure. Vary-
ing dynamics in the pressure loop depending on operation point may therefore
be expected, as discussed further in section 4.3.3.

Figure 4.11 Bode diagram of the pressure
(
K1Gε(s)
Cs+KC

)
and output speed(

K2Gε(s)
Jvs+Bv

)
SISO loops.
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Choosing Control Parameters

The choice of the controller gains depends on the requirements of the closed
loops. Since the displacement controllers are parametrised with pole placement,
ωa and δa may also be considered as parts of the parameter sets of the closed-
loop controllers. Assuming KC ≈ 0, a convenient closed loop with well-damped
response and sufficient stability margins in relation to equation (4.24) may be
achieved for the pressure loop according to:

G̃p,C(s) = psys
psys,ref

=
K1

Gε(s)
Cs

1 +K1
Gε(s)
Cs

= 1(
s
ωp

+ 1
)3 (4.25)

where ωp is the desired bandwidth of the closed loop. K1, ωa and δa may
then be identified as: 

K1 = 1
3Cωp

ωa =
√

3ωp
δa =

√
3

2 ≈ 0.9
(4.26)

Assuming Bv ≈ 0, similar expressions may be formulated for the output
speed loop by replacing K1 with K2 and C with Jv. In theory, the values in
equation (4.24) enables exact mapping and predictable response of the closed
loop. In practice, however, this was found to be difficult due to non-linearities
and uncertainties in the model parameters required for exact pole placement.
The design criteria in equation (4.26) should therefore be interpreted as in-
dicative rather than definitive. A non-linearity that was found to have high
influence on the results was the limitation in valve flow of the displacement
controller. Primarily, this aspect limits the achievable value of ωa for large
changes in displacement. A relaxed design criterion was then found to be (i.e.
maximise ωa): 

K1 = 1
3Cωp

ωa ≥
√

3ωp
δa =

√
3

2 ≈ 0.9
(4.27)

For the engine speed loop, low phase shift implies little risk of instability.
K3 may then be chosen to achieve a fast and well-damped response, while min-
imising negative influences of non-linearities, such as varying turbo dynamics
and limited torque.
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Baseline

To study the influences of the system’s cross-couplings, and how they are han-
dled by the decoupled control approach, a comparison with a baseline strategy
was carried out in paper [V]. The baseline strategy is to apply a diagonal
controller based solely on the diagonal elements of GO (s), thereby ignoring
the cross-couplings. To make the responses of the two controllers comparable,
this diagonal controller is chosen as the diagonal elements of the full controller,
F (s), used in the decoupled strategy:

FBL =

K1
dm

(amdm−bmcm)D1ωICE,0
0 0

0 K2
amωICE,0+bmωout,0

(bmcm−amdm)D2psys,0ωICE,0
0

0 0 K3
1

KICE


(4.28)

where the same controller gains K1/2/3 and gain-scheduling of pressure and
shaft speeds as in the decoupled strategy are used.

4.3.3 Simulations and Measurements
The decoupled control approach was applied to a reference vehicle equipped
with an ICPS and tested in offline simulations in paper [IV] and in HWIL
simulations in paper [V]. For the ICPS, shown in figure 4.12a, the transmission
subsystem constants may be identified according to:[

am bm
cm dm

]
=
[
i1 0
1
i2R

R−1
i2R

]
(4.29)

TICE

T1 T2

TOUT

ωICE

ω1 ω2

ωout

R

i1 i2

(a) ICPS Transmission subsystem. (b) Load-and-carry cycle [3].

Figure 4.12 Reference vehicle transmission and drive cycle.
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Controller Performance

Figure 4.13 shows HWIL simulations of the reference vehicle with the decoupled
and baseline control strategies for a load-and-carry cycle [3]. In this cycle,
illustrated in figure 4.12b, the machine enters a gravel pile to fill the bucket in
low velocity, reverses, and then travels with higher velocity to a load receiver
to empty the bucket.
The basic idea of the decoupled control strategy is that each state is con-

trolled by a decoupled control signal. This is illustrated in figure 4.13. The
system pressure is controlled by the desired accumulator flow, Qacc,ref , which
primarily reacts to changes in reference pressure. Similarly, the desired output
torque, Tout,ref , is altered to follow the speed reference. The gravel pile model
gives a peak in torque and drop in vehicle speed at 10-12 seconds.
In contrast to the decoupled strategy, the baseline approach is limited to

handle the cross-couplings using its state feedbacks and gain-scheduling. Con-
sequently, steady-state error is present in the pressure loop. This is a result of
the fact that both hydrostatic units affect the net flow into the accumulator
(see figure 4.8), but in the baseline strategy ε1 is dedicated to pressure control
while ε2 is dedicated to output speed control. The vehicle speed tracking is
very similar for both strategies. This is because the output torque of an ICPS is
determined by the torque of unit 2 alone (bm = 0), thereby making the vehicle
speed loop naturally decoupled.
Figures 4.14 and 4.15 show a series of step responses in reference and dis-

turbance signals for the decoupled and baseline strategy, respectively.
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Figure 4.13 HWIL simulation results of the load-and-carry cycle for decou-
pled control (top) and baseline control (bottom). Qext and Text,ICE are zero
for this cycle and are therefore not included in the graphs. The output shaft
speed has been scaled to vehicle velocity via the wheel radius and final gear ratio(
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)
. The engine speed measurements are provided in paper [V].
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Figure 4.14 HWIL simulation results of the step-series cycle with decoupled
control. The output shaft speed has been scaled to vehicle velocity via the
wheel radius and final gear ratio

(
ωout = vveh

i0rw

)
. Qext was estimated according

to Qext = uv,dist · 1.35
√
psys · 10−5, where a step of 2.15 V was made in uv,dist.
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Figure 4.15 HWIL simulation results of the step-series cycle with baseline
control. The output shaft speed has been scaled to vehicle velocity via the
wheel radius and final gear ratio

(
ωout = vveh
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)
. Qext was estimated according

to Qext = uv,dist · 1.35
√
psys · 10−5, where a step of 2.15 V was made in uv,dist.
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For the decoupled strategy, the presence of dynamic disturbances in the en-
gine speed loop may be observed at 1 and 3 seconds as steps are made in
pressure and vehicle speed. In the pressure loop, a similar disturbance occurs
at 3 seconds, when a step is made in vehicle velocity. This behaviour is not
predicted by the linear model and is explained by the displacement actuators
not being equally fast in reality, primarily due to flow saturation in the actua-
tors for larger step magnitudes. As shown in paper [IV], and explained further
in appendix C, non-equal response of the displacement controllers introduces
dynamic off-diagonal terms in G̃O(s). The external disturbances cause steady-
state errors in all loops, since these are not known by the decoupling strategy.
In the engine speed loop, a small disturbance may also be observed at 7 seconds
as the pressure loop compensates for its flow disturbance.
The differences between the baseline and decoupled strategies are confirmed

further in the step-series cycle. The engine is subject to more severe distur-
bances caused by the other states, and also suffers from additional static error
as the disturbances are introduced in the other states. One phenomenon that
may be observed in the pressure loop, is that the steady-state error is lowered
as the torque disturbance is introduced in the vehicle speed loop. This is be-
cause the increased displacement of unit 2 causes an extra flow into the circuit,
which compensates for the external disturbance flow.

Hardware-in-the-Loop Performance

The reliability of the HWIL simulation depends on the performance of the
interface controller. As mentioned in section 3.6, the rig controller in the used
setup controls the unit shaft speeds according to reference values determined
by the Hopsan model. This control error may then be used as an indicator
of the trustworthiness of the measurements. Figure 4.16 shows the control
error of the load-and-carry and step-series cycles for decoupled control. During
steady-state conditions, the error is small. For the load-and-carry cycle, the
part where the machine enters the gravel pile is difficult to simulate, since the
reference speed and the displacement setting of unit 2 change simultaneously.
Larger errors are also observable where the shaft speed of unit 2 crosses zero.
This is because of poor resolution at low speeds of the encoders used for speed
measurement. The transients of the step-series cycle are also challenging to
simulate. The step in vehicle speed is particularly difficult, since this step
results in simultaneous steps in displacement setting and shaft speed of unit
2. Consequently, a relatively large error occurs at this part of the cycle. For
the HWIL simulation, this aspect results in limitations in both testable drive
cycles and control strategies. For instance, increased controller gains (K1/2/3)
would result in faster dynamics and thus larger control errors.
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(a) Load-and-carry (figure 4.13).
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Figure 4.16 Performance of the HWIL simulations shown in figures 4.13 and
4.14 (decoupled control).

Sensitivity Analysis

To study the effect of variations of the variables of the decoupled system (fig-
ure 4.10) on the system dynamics, a sensitivity analysis was carried out in
HWIL simulation and offline simulation. Note that the results presented in
this section are not included in any of the appended papers. The sensitivity
analysis was carried out by repeating the step-series cycle in figure 4.14 for
different variable values. One parameter that was found to vary significantly
in offline simulations was the accumulator capacitance (see figure A.9). This
was confirmed in the HWIL simulations. As shown in figure 4.17a, the capac-
itance decreases for increased system pressures. As shown in equation (4.24),
this lowers the stability margins, with resulting faster dynamics of the pressure
control loop. The capacitance also changes with the accumulator volume. This
was tested by disconnecting one of the accumulators in the test rig to halve
the total accumulator volume. As illustrated in figure 4.17b, this action also
decreases the capacitance.
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Figure 4.17 First part of the pressure curve of the step-series cycle in fig-
ure 4.14 (decoupled control) for different pressures (left) and accumulator sizes
(right).
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Figure 4.17 also illustrates how HWIL simulation may be used for model
validation. In the offline simulations in figures 4.17c and 4.17d, it is assumed
that the accumulator is connected directly to the hydrostatic units. In the rig,
however, the accumulators are connected with hoses and couplings that cause
a pressure drop at high flows. In figures 4.17e and 4.17f, this effect is captured
with a turbulent orifice (d = 10 mm) and a volume (V = 1 L) added between
the hydrostatic units and the accumulator in the offline simulation model. Note
that, as mentioned in section 3.3 and indicated in figure 3.1, this effect may be
important enough to update the control strategy.
Figure 4.18a shows the effect of varying response of the displacement con-

trollers on the output speed control loop. This variation was achieved by
changing the desired resonance, ωa, in the pole placement of the P-lead-
controller (recall section 4.2.3). As shown in equation (4.24), the stability
margins decrease for lowered ωa. This may be observed as lowered damping of
the response in figure 4.18a.
Figure 4.18b shows the dynamic disturbance in the engine speed loop caused

by steps of 10 bar from different system pressures. As shown in figure 4.10,
the disturbance is amplified with psys,0, which is observable as an increase in
amplitude of the disturbance for different values of psys,ref,0.
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Figure 4.18 Selected parts of the HWIL simulations of the step-series cycle
in figure 4.14, with varying displacement controller response (a) and system
pressures (b). V0 =40 L has been used in all cases.
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5
Discussion

The decoupled control approach proposed in this thesis has several benefits. It
allows for the operator and energy management strategy to operate in parallel
with little interference. Being based on a generic transmission model, it is also
easy to implement on different transmission architectures, which motivates its
use in multiple-mode concepts. It should be noted, however, that decoupled
control in itself does not guarantee fuel-optimal operation. An energy man-
agement strategy is required to choose proper system pressure level and engine
speed [17]. Also, the output torque control needs to be blended with friction
brakes, since energy recuperation is not always possible [39].

A key feature of decoupled control is that it cancels out cross-couplings. In
this thesis, the effect of these was studied in the comparison with the baseline
approach. For more detailed examination of the cross-couplings and their effect
on system stability, different methods of quantifying cross-couplings could be
considered, see e.g. [69, 97, 61].
The severity of the cross-couplings and how they are handled by the de-

coupling strategy may also change depending on the considered transmission
architecture. The reference transmission was of the input-coupled power-split
type. But, for instance, the output-coupled power-split architecture results
in cross-couplings between the output speed and system pressure loop, which
may interfere with the output torque control [29]. In addition, the losses in the
pump/motor units could influence the control in some configurations, and may
then need to be considered in the control strategy [98].
The presence of multiple power-consumers is often stressed as an important

factor that affects both the design and energy management of hybrid working
machines [19]. In this thesis, these have been considered as external distur-
bances. A natural extension would be to include the work functions as addi-
tional states and control signals. This could be done either as a conventional
working hydraulics system connected to the engine, or as a secondary controlled
system connected to the hydraulic circuit, see e.g. [18]. On the same topic,
an interesting aspect is that there are interactions between the work functions
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and the transmission via the load, e.g. during bucket-filling in a gravel pile [3].
Cross-couplings between the work functions and the transmission may therefore
be expected.
Displacement controllers are key low-level actuators in hybrid hydro-

mechanical transmissions. This concerns both stability aspects of the power-
train control loops and their decoupling, and the smoothness of mode shifts.
For swash plate units, the idea of using external control offers high freedom
in control design, but also places higher demands on the control valve used
in the actuator. A slow valve can be compensated for to some extent with a
sophisticated control strategy. For large variations in displacement, however,
flow saturation may only be solved with a bigger valve. This approach requires
higher power for actuation, which thus poses a potential conflict with the sys-
tem’s overall purpose, which is increased energy efficiency. New pump/motor
designs could then be motivated, both for increased efficiency of the unit itself
and for alternative methods of displacement variation, see e.g. [99, 100].
A key aspect that has affected all the proposed control strategies in this the-

sis, is the high capacitance of the hydraulic accumulator. For the powertrain
control, the decoupling is very much facilitated by the slow pressure dynamics.
In addition to those shown in the simulations and experiments, other cross-
couplings are present in a hydromechanical transmission. These are suppressed
by the slow pressure dynamics of the accumulator [IV], but may become impor-
tant for small accumulator sizes. For instance, the stiff nature of hydrostatic
transmissions results in a different control problem than its hybrid equivalent,
see for instance [73]. For the displacement control, the accumulator suppresses
the feedback loop present if the actuator is supplied with the system pressure,
which otherwise could lead to oscillations [101].
The control strategies presented in this thesis are to a large extent based

on linear models. There are, however, several non-linearities that affect the
dynamic behaviour of the real system. Primarily, these are saturation in con-
trol signals, such as limitations in displacement setting, displacement actuator
velocity and engine torque. The limitation in displacement actuator velocity
causes the displacement controllers of the two hydrostatic units to be unequally
fast for different step magnitudes, which resulted in dynamic cross-couplings in
the experiments. The effect of limited displacement and engine torque is not
within the scope of this thesis, but could have an effect on the performance of
the proposed powertrain control strategy.
Another important non-linear effect, is that some system parameter values

change with operation point. For instance, the decoupling strategy contains
linearisation points of pressure and shaft speeds, which was handled with gain-
scheduling in the experiments. It was also found that the accumulator capaci-
tance varied significantly with system pressure. Since the capacitance is directly
related to the stability of the pressure loop, this effect should be taken into con-
sideration when choosing controller gains. This could be done either by tuning
the controller for maximum pressure, or by implementing gain-scheduling to
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increase the response at lower pressures.
In the testing of control strategies for hybrid hydromechanical transmissions,

hardware-in-the-loop simulation is a powerful tool. By including hardware in
the simulation, it is closer to reality and should therefore be more reliable. It
should be noted, however, that this reliability depends on accurate control in
the hardware/software interface. In the setup used in this thesis, the greatest
challenge was found to be the reproduction of highly dynamic events. This, in
turn, limited what cases could be tested. Enhancement of the rig controllers
and the measurement system could therefore be necessary to enable testing of
other cases and transmission designs.
Another interesting question concerning hardware-in-the-loop simulations is

the choice of hardware/software density of the model. The idea that the reli-
ability of the results increases with the proportion of hardware present in the
simulation is often implied in the literature. It could be argued, however, that
the increased amount of hardware also increases uncertainty, since the software
model represents the current state-of-knowledge of the system. From a strictly
academic viewpoint, on the other hand, this increased uncertainty is also what
is required to enable model validation. That is, the more reality that is in-
cluded in the setup, the higher the chance of falsifying the model. The next
problem is then to know what falsified it. This problem becomes more difficult
the larger the step that is taken in hardware/software density, and the key is
then to find an optimal step size.
In this thesis, the step from offline simulation to hardware-in-the-loop simula-

tion was taken by replacing the hydraulic circuit with hardware. As a result, it
was found that the line between the accumulators may cause a sufficiently high
pressure drop to change the pressure dynamics. This new knowledge motivated
an update of the model, which could lead to a new control strategy. For the
given application, however, this is probably not necessary.
The next step in hardware/software density should be motivated by the

scope of the investigation and the parts of the model that have low fidelity.
In the setup used in this thesis, a natural next step could be to address fuel
efficiency aspects and energy management strategies. This would then require
more accurate prediction of engine fuel consumption than is possible with the
current engine model. More specifically, a model with higher accuracy that
considers intake pressure dynamics and the effect of the smoke-limiter in more
detail is required. This model may, in turn, be represented as either software
or hardware.
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6
Conclusions

The overall aim of this thesis is to increase the knowledge of low-level control
aspects that are important to consider to ensure the functionality of a complex
hybrid hydromechanical transmission. Referring to the research questions listed
in section 1.1, the following conclusions may be drawn:

RQ1: How is the mode shifting event in complex hybrid HMTs affected by
the dynamic performance of the displacement controllers?

In hybrid systems, the impressed system pressure means that fast displacement
controllers are needed to achieve fast torque control. Since mode shifts imply
instantaneous changes in unit torques, displacement controllers that are too
slow would cause disturbances in vehicle speed during the shift.

RQ2: What are the dominating dynamic characteristics in displacement con-
trollers that use sensor-based feedback?

The dynamic response of displacement controllers that use a sensor for exter-
nal displacement feedback is limited by the dynamics and the maximum flow
of the control valve. By using software-based controllers, more sophisticated
algorithms may be used to improve the response of the displacement controller.

RQ3: What is a suitable strategy for displacement control in hybrid HMTs?
For the hydrostatic units studied in this thesis, proportional-lead control
showed significantly better performance and allowed more than four times
higher resonance for the same relative damping compared to standard propor-
tional control. If the valve dynamics are known, pole placement may be used
to parametrise the controller using desired relative damping and resonance of
the closed-loop system as input. The controller may thereby be trimmed in a
simple, intuitive way.
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RQ4: What is required of the dynamic response of displacement controllers
used in hybrid HMTs?

High bandwidth and well-damped displacement controllers are required in hy-
brid multiple-mode hydromechanical transmissions to ensure closed-loop stabil-
ity, and to minimise disturbances during the mode shifting event. In addition,
equal response of the two hydrostatic units facilitates a decoupled powertrain
control approach. This criterion may, for instance, be fulfilled with the dis-
placement control strategies proposed in this thesis.

RQ5: What is a suitable strategy for powertrain control in hybrid HMTs?
Decoupled control is suitable in complex hybrid hydromechanical transmissions,
since these systems contain cross-couplings between several states (pressure,
engine speed and vehicle speed) that are desired to control individually. Also,
it facilitates the implementation of output torque control for the operator.
If based on a general model of the transmission kinematics, a decoupled con-

trol approach may be applied to a high number of transmission configurations
in a convenient manner. In addition, this approach cancels out the steady-state
errors caused by the system cross-couplings without an introduction of integrat-
ing elements, which should facilitate mode shifts in multiple-mode transmis-
sions.
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7
Review of Papers

Paper I

Mode Shifting in Hybrid Hydromechanical Transmissions

In this paper, the problem of shifting modes in hybrid hydromechanical trans-
missions is identified. The problem is linked to the hydraulic accumulator’s
influence on the pressure in the hydrostatic circuit. A black box model ap-
proach is used to identify mode shift categories and how the mode shift affects
the torques on the hydrostatic transmission for the different categories. Two
hydrostatic transmission circuit configurations are presented, one of which in-
cludes a high-speed switching valve. The transmission concept studied in paper
[VI] is hybridised and the two hydrostatic transmission configurations are eval-
uated in simulations. The benefits of the high-speed switching valve and the
significance of fast displacement actuators on the hydraulic units are shown.

Paper II

Modelling of the Swash Plate Control Actuator in an Axial
Piston Pump for a Hardware-in-the-Loop Simulation Test Rig

Here, a model of a swash plate control actuator for a prototype pump of axial
piston, in-line design is derived. The model is implemented in Hopsan and
validated with rig measurements. A sensitivity analysis is conducted to identify
the parameters of highest significance in the dynamic behaviour of the control
actuator. The major limiting factors of the displacement response are identified
as the maximum control valve opening area and the break frequency of the
control valve spool.
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Paper III
Displacement Control Strategies of an In-Line Axial-Piston
Unit
In this paper, two controller architectures (proportional and proportional-lead)
for displacement control of the prototype pump modelled in paper [II] are
proposed. The controllers are parametrised using a pole placement approach,
in which the desired relative damping and resonance of the closed-loop system
are used as input. In simulations and hardware tests, the proportional-lead
controller’s performance is found to be superior to that of the proportional
controller in terms of fast response with maintained damping. The response of
the displacement controller is found to ultimately be limited by the maximum
flow of the control valve, especially if the controller reference signal is a step
with high amplitude.

Paper IV
A General Approach to Low-level Control of Heavy Complex
Hybrid Hydromechanical Transmissions
In this paper, a decoupled Multiple-Input-Multiple-Output (MIMO) control
strategy for powertrain control of complex hybrid Hydromechanical Transmis-
sions (HMTs) is proposed. A linear model of a general hybrid HMT is derived
and used to determine a decoupling strategy for the control approach. The
strategy is tested on a reference vehicle in non-linear simulations and stability
criteria for the decoupled loops are derived. It is found that the resulting output
speed and system pressure loops rely on fast displacement control for stability.
It is also found that the decoupling is facilitated if the displacement controllers
of the two hydraulic units are equally fast. Suitable values for the resonance
and damping used as input for the displacement control strategy proposed in
paper [III] are derived based on pole placement of the closed decoupled output
speed and pressure loops. The effects of non-linearities, such as limitation in
displacement actuator flow and pressure-dependant hydraulic capacitance, on
system response and dynamics are shown.
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Paper V
Low-level Control of Hybrid Hydromechanical Transmissions for
Heavy Mobile Working Machines
In this paper, the decoupled control strategy proposed in paper [IV] is refined
and focussed on multiple-mode hybrid HMTs. The strategy is combined with
the proportional-lead displacement control strategy proposed in paper [III] and
tested on a reference vehicle in hardware-in-the-loop simulations for two drive
cycles. The benefit of the decoupled control strategy is shown via a compar-
ison with a baseline approach which ignores the system’s cross-couplings. In
the context of multiple-mode hybrid HMTs, it is found that an important ben-
efit of the proposed control strategy is that it minimises the steady-state errors
caused by the cross-couplings without introducing integrating elements. In ad-
dition, the strategy implements torque control for the operator in a convenient
manner.
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A
Hopsan Component

Models

This chapter provides derivations of the Hopsan component models that were
developed during the work presented in this thesis, but that are not provided
in the appended papers. It should be pointed out that this chapter focuses on
the individual components. See chapter 3 for examples of full system models
that were used in the papers. Linearised representations of the vehicle, engine
and accumulator that are used in the linearised transmission model in chapter
4 are provided as well.
The implementation of TLM in Hopsan distinguishes between C- and Q-type

components [102, 79, 77]. During each simulation time step, a C-component
determines and updates the characteristic impedance, Zc, and the wave vari-
able, c. Based on these values, a connected Q-component then updates the
effort (torque, T/pressure, p) and flow variables (angular velocity, ω/flow, q).
The sign convention of these variables in C- and Q-components is different from
what is commonly assumed when modelling mechanical components in the ro-
tational domain. Translation of the states to TLM is therefore needed for some
of the components described here. Throughout this chapter, states with signs
according to TLM are labelled as ([Ti, ωi], [pi, qi]), where i ∈ [1, 2, 3 . . . ] denotes
a component connection port. These states should be regarded as internal for
each component and are provided in this chapter alone, to show the full Hopsan
implementation according to TLM.
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A.1 Mechanical Sub-Components
The mechanical subsystem of a hydromechanical transmission is an assembly of
gears, shafts and clutches. In Hopsan, the shafts are modelled as transmission
line elements (C-components) in the rotational domain, while the gears are
modelled as Q-components. The clutch components are modelled as shafts
with limited transmittable torque, and are described in paper [I].

A.1.1 Shaft
Figure A.1 shows a rotating shaft represented as a transmission line element in
the mechanical rotational domain. According to TLM [77], the relationship be-
tween the torques and the speeds of the two ends of the shaft may be expressed
as:

T1(t) = Zc [ω1(t) + ω2(t− Ts)] + T2(t− Ts) (A.1a)
T2(t) = Zc [ω2(t) + ω1(t− Ts)] + T1(t− Ts) (A.1b)

T1

ω1

T2

ω2

Zc, Ts

(Ls, Ds, ρs, Gs)
1 2

(a) Transmission line element represen-
tation, with characteristic impedance Zc,
time delay Ts, length Ls, diameter Ds,
density ρs and shear modulus Gs.

Cs = 1
ks

L

T1

ω1

T2

ω2

1 2

(b) Lumped parameter representation, with
capacitance Cs, spring coefficient ks and in-
ductance (inertia) L.

Figure A.1 Mechanical rotating shaft with torques T1 and T2 and angular
velocities ω1 and ω2, modelled as a C-component with the corresponding sign
conventions of torques and speeds. The bold numbers denote connection port
indices.

The wave variables, c1 and c2, are introduced according to:

c1(t) = Zcω2(t− Ts) + T2(t− Ts) (A.2a)
c2(t) = Zcω1(t− Ts) + T1(t− Ts) (A.2b)

By combining equations (A.1) and (A.2) the torques may be expressed as:

T1(t) = c1(t) + Zcω1(t) (A.3a)
T2(t) = c2(t) + Zcω2(t) (A.3b)
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A shift of equations (A.3) an interval Ts back in time combined with equa-
tions (A.2) yields how the wave variables are updated for each time step in the
simulation according to:

c1(t) = 2Zcω2(t− Ts) + c2(t− Ts) (A.4a)
c2(t) = 2Zcω1(t− Ts) + c1(t− Ts) (A.4b)

The wave variables are then filtered with a numerical damping factor αf ∈
[0 . . . 0.5] according to equations (A.5), to dampen high-frequency oscillations
otherwise present in a pure, lossless transmission line:

c1f (t) = αfc1f (t− Ts) + (1− αf )c1(t) (A.5a)
c2f (t) = αfc2f (t− Ts) + (1− αf )c2(t) (A.5b)

The implementation of αf may physically be interpreted as an introduc-
tion of viscoelastic material properties; although high-frequency oscillations
are damped, no losses are present at steady state [102].
In the low frequency range the transmission line shaft component may be

represented by the model shown in figure A.1b. In this representation, the shaft
is a lumped capacitance, Cs = 1/ks, and inductance (inertia), L. For a real
shaft, Ts is a consequence of Cs and L. In a Hopsan simulation model, however,
Ts is the same as the simulation time step and equal for all shafts. Therefore,
desired values of both L and Cs may not be achieved at the same time. This
aspect of TLM is commonly handled by choosing Zc based on the dominating
effect (capacitance/inductance), and making sure the resulting parasitic induc-
tance/capacitance is sufficiently small to be ignored or compensated for in the
adjacent components [77]. For correct capacitance, Zc may be chosen accord-
ing to equation (A.6a) [102], thereby resulting in a parasitic inductance, Lp,
according to:

Zc = 1
1− αf

Ts
Cs

= 1
1− αf

ksTs (A.6a)

Lp = 1
Cs

(
Ts

1− αf

)2
= ks

(
Ts

1− αf

)2
(A.6b)

Alternatively, Zc may be chosen according to (A.7a) for correct inductance,
thereby resulting in a parasitic capacitance, Cp, according to:

Zc = (1− αf ) L
Ts

(A.7a)

Cp = 1
ks

= 1
L

(
Ts

1− αf

)2
(A.7b)
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Note that in both approaches, the parasitic property is significantly reduced
by a smaller time step. For the models used in this thesis work, the approach in
equations (A.6) is used, but Ts, ks and αf are chosen so that Lp may represent
the lumped inertia of the shaft/gear combination. This lowers the modelling
complexity, as the spur gears and planetary gears may be modelled as static
components.
The stiffness, ks, and inertia, L, of the shaft in figure A.1a may also be

calculated from its physical properties according to:

ks = 1
Cs

= πD4
s

32Ls
Gs (A.8a)

L = 1
32πD

4Lsρs (A.8b)

Combined with equations (A.6), equations (A.8) may be used to give a hint
of proper values of ks, αf and Ts according to:

Ls = 1
1− αf

Ts

√
Gs
ρs

(A.9a)

Ds = 4

√
32

π(1− αf )ksTs
√

1
ρsGs

(A.9b)

For instance, the parameter values used in the simulations presented in this
thesis were αf = 0.3, Ts = 0.0001 s and ks = 100000 Nm/rad. Assuming
steel shafts (ρs ≈ 7800 kg/m3, Gs ≈ 80 GPa), this results in Ds ≈ 0.05 m,
Ls ≈ 0.46 m and L ≈ 0.002 kgm2. It should be noted, that if Ts → 0, Lp → 0
as well, and no inertia is present in the transmission. This approach may then
be difficult to use in a general offline simulation as the simulation time step is
used as a model parameter. In this thesis, the approach is, however, motivated
by the application of HWIL simulations since a larger time step lowers the
computational effort during the real-time simulations.

A.1.2 Gears
The gears are modelled as stiff and massless as shown in Figure A.2.

Spur Gear

The governing equations for the spur gear are determined by:

ωsg,out = isgωsg,in (A.10a)

Tsg,out = −Tsg,in
isg

ηjsgsg (A.10b)
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isg, ηsg

Tsg,in

ωsg,in

Tsg,out

ωsg,out

1

2

(a) Spur gear with speed ratio isg ,
torques Tsg,in and Tsg,out, shaft speeds
ωsg,in and ωsg,out and efficiency ηsg .

Tcarr

ωcarr

Tsun

ωsun

R, ηpg
Tring

ωring
1 3 2

(b) Planetary gear with standing gear ratio
R, ring torque Tring , carrier torque Tcarr, sun
torque Tsun, ring speed ωsun, carrier speed
ωcarr, sun speed ωsun and efficiency ηpg .

Figure A.2 Mechanical gears for the mechanical subsystem (Q-components).
The bold numbers denote connection port indices.

where isg < 0 indicate an external gear. jsg is defined as:

jsg =
{

1 , Tsg,inωsg,in > 0
−1 , Tsg,inωsg,in ≤ 0

(A.11)

The torque and shaft speeds are translated to those of a Q-component (index
according to figure A.2a):{

ω1 = −ωsg,in
ω2 = ωsg,out

,

{
T1 = Tsg,in

T2 = −Tsg,out
(A.12)

In Hopsan, the Q-type gear components update the speed and torque at
each connection port according to equation (A.3). For the spur gear, the shaft
speeds are then updated according to1:ω1 = −c1η

jsg
sg +c2isg

η
jsg
sg Zc1+i2sgZc2

ω2 = −iω1

(A.13)

where the shaft torques have been rewritten as:{
T1 = c1 + Zc1ω1

T2 = c2 + Zc2ω2
(A.14)

After the speeds have been updated according to equation (A.13), equations
(A.14) may be used to update the torques.

1Note that the implementation of equations (A.13) implies that ω1 is calculated before
ω2.
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Planetary Gear

The governing equations for the planetary gear are given by [103]:

R = ωsun − ωcarr
ωring − ωcarr

(A.15a)

Tsun + Tcarr + Tring = 0 (A.15b)
Tring = −TsunRηjpgpg (A.15c)

where jpg is defined as:

jpg =
{

1 , Tsun (ωsun − ωcarr) ≥ 0
−1 , Tsun (ωsun − ωcarr) < 0

(A.16)

The torque and shaft speeds are translated to those of a Q-component (index
according to figure A.2b):

ω1 = −ωsun
ω2 = ωcarr

ω3 = −ωring
,


T1 = Tsun

T2 = −Tcarr
T3 = Tring

(A.17)

In a similar way to the spur gears, the shaft speeds may be updated during
each simulation time step in Hopsan according to2:

ω1 = c3RZc2+(c2−c1)(R−1)Zc3+c1η
jpg
pg R[R(Zc2+Zc3)−Zc3]

(RZc1−Zc1−Zc2)Zc3+ηjpgpg RZc1[Zc3−R(Zc2+Zc3)]

ω2 = (ηjpgpg R−1)(c3RZc1−c1Zc3)−c2(ηjpgpg R2Zc1+Zc3)
[(1−R)Zc1+Zc2]Zc3+ηjpgpg RZc1[R(Zc2+Zc3)−Zc3]

ω3 = 1
Rω1 +

( 1
R − 1

)
ω2

(A.18)

where the torques have been rewritten as:
T1 = c1 + Zc1ω1

T2 = c2 + Zc2ω2

T3 = c3 + Zc3ω3

(A.19)

After the speeds have been updated according to equation (A.18), equations
(A.19) may be used to update the torques.

2Note that the implementation of equations (A.18) implies that ω1 and ω3 are calculated
before ω2.
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vv

mv

Tout

rw

Fext,v

i0, η0

Baxle
Cr

ωout

β

g

1

Figure A.3 1-D vehicle (Q-component) with mass mv, vehicle velocity vv,
wheel radius rw, axle losses Baxle, rolling resistance coefficient Cr, final gear
ratio i0 and final gear efficiency η0. Tout is the torque from transmission and
Fext,v is an external force. ωout is the transmission output shaft angular velocity
and β the road slope. The bold number indicates the connection port index.

A.2 Vehicle
The vehicle is modelled as a Q-component as shown in figure A.3. It is repre-
sented as a one-dimensional mass, ignoring aerodynamic forces and tyre slip.
The governing equations for the model may be derived using Newton’s second
law of motion (Laplace-transformed):

Tout
i0rw

η
jfg
0 −Baxlevv−mvg cos(β)Cr ·jcr−mvg sin(β)−Fext,v = mvvv ·s (A.20)

jfg is determined by:

jfg =
{

1 , Toutωout ≥ 0
−1 , Toutωout < 0

(A.21)

and jcr is calculated as:

jcr =
{

1 , vv > 0
−1 , vv ≤ 0

(A.22)

The vehicle velocity may be translated to angular velocity at the transmission
output shaft via the final gear ratio and the wheel radius:

ωout = vv
i0rw

(A.23)
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The shaft torque and speed are translated to those of a Q-component (index
according to figure A.3): {

ω1 = −ωout
T1 = Tout

(A.24)

As with the gears in section A.1.2, the output shaft speed may be updated
during each simulation time step in Hopsan according to:

ω1 = −c1η
jfg
0 + Fext,vi0rw + Crjcrmvgrwi0

Baxlei20r
2
w + η

jfg
0 Zc1 +mvi20r

2
w · s

(A.25)

where the shaft torque has been rewritten as:

T1 = c1 + Zc1ω1 (A.26)

Note that, unlike the gear components in section A.1.2, equation (A.25)
contains time derivatives. In Hopsan, the required integration of equation
(A.25) is done with filters based on bilinear transform [78]. After ω1 has been
updated, T1 may be updated according to equation (A.26). ωout and vv may
then be updated with equations (A.24) and (A.23), respectively.

A.2.1 Linearised representation
In the linearised model presented in chapter 4, the vehicle is represented in the
rotational domain (Laplace-transformed):

ωout = 1
Jvs+Bv

(Tout − Text,v) (A.27)

where Jv is the equivalent rotational inertia:

Jv = mv (i0rw)2 (A.28)

and Bv is the rotational viscous friction, calculated by transforming the axle
losses to the rotational domain:

Bv = Baxle (i0rw)2 (A.29)

Text,v is the translated external force:

Text,v = Fext,vrwi0 (A.30)
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A.3 The Efficiency Flip
In the gears and the vehicle models presented above, constant efficiencies and
rolling resistance are used. Since the losses change direction depending on the
power flow direction, sign functions are used (equations (A.11), (A.16), (A.21),
(A.22)) to flip the efficiencies with the variables jsg, jpg, jfg and change the
sign of the rolling resistance force with the variable jcr. Due to the constant
simulation time step used in Hopsan, pure sign functions tend to lead to os-
cillations near zero power flows, see figure A.4b. To lower this effect, the sign
functions are implemented with a sigmoid function:

j = 2
1 + e−

x
x0
− 1 (A.31)

where x is the parameter that determines if j should change sign (e.g. x =
Tsg,inωsg,in determines the sign of j = jsg in equation (A.21)), and x0 is a
tuning parameter. As shown in figure A.4a, the sigmoid function approaches a
pure sign function for x0 → 0.
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(b) Example simulation of the spur gear
model when changing speed direction un-
der constant torque T2 = 1000 Nm. ηsg =
0.98, isg = −1, ω2,0 = 400 rpm.

Figure A.4 Effect of the sigmoid function according to equation (A.31).

A.4 Diesel Engine
This section describes the diesel engine model used in papers [IV, V]3. It is
modelled based on the Mean Value Engine Modelling (MVEM) principle and
assumed to operate under optimal ignition and lean fuel mixture, which is a

3In paper [I], a simpler model, described in [55], was used.
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common assumption for a diesel engine [58]. In Hopsan, it is modelled as a
C-type torque source component. The structure of the component is shown as
a block diagram in figure A.5.

uICE FUMEPmax

(
1 − 1

r
γ−1
c

)
ηig,ch

τts+1
τt
Kτ

+1

VD
2πnr

−1

FMEP

(
ωICE

)

VD
2πnr

BMEP

(
ωICE

)1
qLHV

VD
2πnr

Tig TD

Tfr

Te,lim

Te,net

Te,max

GT (s)ηig

KICE

Saturation
[0 . . . 1]

ωICE

max

1
ρf

SFC =
mf

Te,lim mf

ηf =
Te,lim
mf qLHV

ṁf

1
qLHV

1
sVf

V̇f ωICE

1

Figure A.5 Block diagram of a diesel engine modelled as a C-type torque
source component. The bold number denotes the connection port index.

The engine control input is a normalised injected fuel, uICE ∈ [0 . . . 1]:

uICE = mf

mf,max
(A.32)

which translates to an indicated gross torque, Tig, according to:

Tig = uICEKICE (A.33)

KICE is the static engine gain which is a lumped parameter, defined as:

KICE = FUMEPmaxηigVD
2πnr

(A.34)

where FUMEPmax is the maximum Fuel Mean Effective Pressure (FUMEP)
[39], which was approximated for the engine in [104] (FUMEPmax ≈ 51 bar),
and is regarded as independent of engine size (mf,max is assumed to scale with
VD):

FUMEPmax = qLHVmf,max

VD
(A.35)

where qLHV is the fuel lower heating value (for diesel: qLHV ≈ 43 MJ/kg
[58]). ηig is the indicated gross efficiency, calculated according to:

ηig =
(

1− 1
rγ−1
c

)
ηig,ch (A.36)
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where rc is the compression ratio, γ = cp
cv

is the ratio of specific heats for air,
and ηig,ch represents the combustion chamber losses (assumed constant). The
indicated gross torque is delayed according to:

TD = GT (s)Tig (A.37)

where GT (s) is the turbo dynamics, which are modelled according to Lennevi
et al. [96]:

GT (s) = τT s+ 1
τT
Kτ
s+ 1 (A.38)

where τT is the turbo time constant andKτ is the turbo gain. The net engine
torque, Te,net, is determined by subtracting the friction torque, Tfr, according
to:

Te,net = TD − Tfr (A.39)

where Tfr is determined by the Friction Mean Effective Pressure (FMEP):

Tfr = VD
2πnr

FMEP (ωICE) (A.40)

The FMEP is modelled as a polynomial function of engine speed [58]4:

FMEP (ωICE) = cfr1ω
2
ICE + cfr2ωICE + cfr3 (A.41)

cfr1 = 6.5620 Pa · s2/rad2 cfr2 = −135.0271 Pa · s/rad cfr3 = 35900 Pa

The FMEP according to equation (A.41) is plotted as a function of engine
speed in figure A.7. Finally, a saturation is implemented on Te,net due to the
maximum torque characteristics of the engine:

Te,lim =


Te,max (ωICE) , Te,net > Te,max (ωe)
Te,net ,−Tfr (ωICE) < Te,net ≤ Te,max (ωICE)
−Tfr (ωICE) , Te,net ≤ −Tfr (ωICE)

(A.42)

These maximum torque characteristics are implemented as:

Te,max (ωICE) = VD
2πnr

BMEPmax (ωICE) (A.43)

where BMEPmax (ωICE) is the maximum Break Mean Effective Pressure
(BMEP), which was obtained from the maximum torque curve of the engine in
[104] and is shown in figure A.7.

4The numerical values for the friction parameters were extracted from the model derived
in [64].
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As shown in the block diagram in figure A.5, the input signal may be used
to calculate the consumed mass fuel during the simulation:

mf = VDFUMEPmax
2πnrqLHV

uICE (A.44)

With the engine speed, mf may in turn be used to determine the mass fuel
rate, ṁf , and the volumetric fuel consumption:{

V̇f = ṁf
ρf

= mf
ρf
ωICE

Vf =
∫
V̇fdt

(A.45)

where ρf is the fuel density, (for diesel: ρf ≈ 820 kg/m3 [58]). The Specific
Fuel Consumption (SFC), and the fuel efficiency, ηf , may also be determined
from mf :

SFC = mf

Te,lim
(A.46)

ηf = Te,lim
mfqLHV

(A.47)

The shaft torque and speed are translated to those of a C-component (index
according to figure A.5): {

ω1 = −ωICE
T1 = Te,lim

(A.48)

The engine is modelled as a C-type torque source:
c1 = Te,lim

Zc1 = 0
(T1 = c1 + Zc1ω1)

(A.49)

During simulation, the wave variable is thus continuously updated via uICE ,
while ω1 = −ωICE and Te,lim = T1 are updated by the engine flywheel compo-
nent.

A.4.1 Engine Flywheel
The engine flywheel is implemented with the Q-component for a rotational iner-
tia in the Hopsan standard library, and its implementation according to TLM is
therefore not included here. The fundamental equations are, however, repeated
to show their relation to the rest of the engine and transmission model. A free
body diagram of the engine flywheel is shown in figure A.6. The governing
equations are determined by the law of motion in the rotational domain:

Te,lim − TICE − Text,ICE = JICEω̇ICE (A.50)
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where TICE is the torque from the transmission and Text,ICE is an external
torque acting on the engine, for instance from a working hydraulics pump.

JICE

Te,lim TICE

Text,ICE

ωICE

Figure A.6 Free body diagram of the engine flywheel with rotational inertia
JICE (Q-component).

A.4.2 Linearised Representation
In the linearised model presented in chapter 4, the governing dynamics are
determined according to:

ωICE = 1
JICEs+BICE

(GT (s)KICEuICE − Text,ICE − TICE) (A.51)

where BICE is the engine viscous friction:

BICE =
(

dTfr
dωICE

)
ωICE=ωICE,0

= VD
2πnr

(
dFMEP

dωICE

)
ωICE=ωICE,0

= VD
2πnr

(2cfr1ωICE,0 + cfr2)
(A.52)

As seen in equation (A.52), BICE varies with ωICE,0. With friction param-
eters according to [64], it was found that ωICE,0 ≈ 1745 rpm gave a good
average value, see figure A.7.

A.4.3 Static Characteristics
To give an idea of the model’s general properties, its static characteristics are
plotted in figure A.7. The viscous friction model is represented as FMEP. ηf
and SFC have been calculated as functions of the BMEP:

BMEP = uICEFUMEPmaxηig − FMEP (A.53)
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Figure A.7 Static characteristics of the engine model.

A.5 Accumulator
In this thesis, a piston-type accumulator is modelled. It is assumed that the
gas pressure is equal to the oil pressure, and the compressibility of the oil is
ignored in comparison to that of the nitrogen. A schematic of the accumulator
model and its parameters is shown in Figure A.8a.
To properly model the heat transfer between the gas and the surroundings,

the gas temperature needs to be modelled. As derived by Rydberg [24], Tg may
be determined by the differential equation:

dTg
dt = 1

τw
(T∞ − Tg) + Tg

cv

(
∂psys
∂Tg

)
v

qacc (t)
mg

(A.54)

where the thermal time constant, τw, may be determined according to5:

τw = mgcv
αwAw

(A.55)

where αw is the wall heat transfer coefficient and Aw is the accumulator
surface area. The input flow, qacc, is regarded as an input signal, and may be
translated to the rate of change of Vg:

dVg
dt = −qacc (A.56)

5In Rydberg’s model [24], cv varies slightly with psys and Tg , and equation (A.55) then
contains the mean value of cv . In this thesis, cv is regarded as constant, with the sacrifice of
less accurate prediction for pressures higher than 250 bar.
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Tg, Vg,

cv,mg

T∞

τw

qacc

V0, p0, T0

psys

(a) Non-linear representation, with gas
temperature Tg , gas pressure psys and gas
volume Vg . mg is the gas mass, cv is the
gas specific heat capacity, T∞ is the am-
bient temperature and τw is the thermal
time constant. V0 is the total accumulator
volume, p0 is the accumulator pre-charge
pressure and T0 is the temperature at pre-
charge conditions (V0, T0).

psys

C

qacc

(b) Linear representation with gas press-
ure psys and capacitance C.

Figure A.8 Accumulator models with input flow qacc.

The partial derivative,
(
∂psys
∂Tg

)
v
, is calculated from an equation of state that

describes the relationship between psys, Tg and Vg. Different equations of state
with varying accuracy are commonly found in the literature, such as the ideal
gas equation, the van der Waal equation or the Benedict-Webb-Rubin equation
[105]. In this thesis, the Beattie-Bridgeman equation for nitrogen according to
[24] is used:

psys = RgTg
v2

(
1− C0

vT 3
g

)[
v +B0

(
1− b0

v

)]
− A0

v2

(
1− a0

v

)
(A.57)

Rg = 296.8 J/(kg ·K) A0 = 174.1 Jm3/kg2
B0 = 1.801 · 10−3 m3/kg

a0 = 9.338 · 10−4 m3/kg b0 = −2.474 · 10−4 m3/kg C0 = 5.095 · 10−8 m3K3/kg

where v = Vg
mg

is the specific gas volume. The partial derivative in equation
(A.54) may then be determined according to:(

∂psys
∂Tg

)
v

= Rg
v2

(
1 + 2C0

vT 3
g

)[
v +B0

(
1− b0

v

)]
(A.58)
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A.5.1 Linearised Representation
In the linear model presented in chapter 4, the accumulator is modelled as a
pure capacitance, C. Using the nomenclature in figure A.8b, hydraulic capaci-
tance is defined as:

dpsys
dt = qacc

C
(A.59)

dpsys
dt may be determined as the time derivative of the Beattie-Bridgeman

equation (A.57) according to:

dpsys
dt =

(
∂psys
∂v

)
Tg

dv
dt +

(
∂psys
∂Tg

)
v

dTg
dt (A.60)

Assuming mg is constant, dv
dt may be calculated according to:

dv
dt = 1

mg

dVg
dt = − 1

mg
qacc (A.61)

Equations (A.54) and (A.61) in equation (A.60) yield a new expression for
dpsys

dt according to:

dpsys
dt =

[
−
(
∂psys
∂v

)
Tg

+ Tg
cv

(
∂psys
∂Tg

)2

v

]
1
mg

qacc +
(
∂psys
∂Tg

)
v

· 1
τw

(T∞ − Tg)

(A.62)
Identification with equation (A.60) yields an expression for the capacitance

according to equation (A.63). The last term in equation (A.62) represents the
heat losses to the environment, which is ignored in the linear model since the
temperature is not included as a state.

1
C

=

−(∂psys
∂v

)
Tg=Tg0, v=Vg0

mg

+ Tg
cv

(
∂psys
∂Tg

)2

Tg=Tg0, v=Vg0
mg

 1
mg

(A.63)

where Tg0 and Vg0 are linearisation points with respect to gas temperature
and gas volume, respectively. The partial derivatives, ∂psys∂Tg

and ∂psys
∂v , may be

derived from the Beattie-Bridgeman equation (A.57) according to equations
(A.58) and (A.64), respectively.

(
∂psys
∂v

)
Tg

= − 1
v2RgTg + 2

T 2
g v

3 (C0Rg +A0T
2
g −B0RgT

3
g )+

3
T 2
g v

4 (B0C0Rg − a0A0T
2
g + b0B0RgT

3
g )− 4

T 2
g v

5 b0B0C0Rg

(A.64)
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mg may be determined from the initial state of the gas, i.e. the gas pre-
charge pressure, p0, the pre-charge temperature, T0, and the total accumulator
volume, V0. Assuming these are given, equation (A.57) may be solved for mg.
Figure A.9a illustrates the relationship between gas pressure and gas volume
for different gas temperatures, calculated with the Beattie-Bridgeman equation
(A.57) for different accumulator sizes. Due to the temperature dependency, the
gas pressure may be both lower and higher than the pre-charge pressure, p0,
when the accumulator is empty. Figure A.9b shows the variation in hydraulic
capacitance for the same conditions and indicates a strong influence from press-
ure and accumulator volume.

50 100 150 200 250

Gas pressure [bar]

0

10

20

30

40

50

60

G
as

 v
ol

um
e 

[L
]

(a) Gas volume as function of gas pressure
according to the Beattie-Bridgeman equa-
tion (A.57).
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Figure A.9 Illustration of the variation in gas volume and capacitance de-
pending on gas pressure and gas temperature for different accumulator sizes. The
gas mass was calculated under the assumption that Vg = V0 at Tg = T0 = 293
K and psys = p0 = 90 bar.

In Hopsan, the accumulator model derived above is implemented as a trans-
mission line element with varying capacitance according to equation (A.63).
This is combined with filters for calculating Vg according to equation (A.56),
and Tg according to equation (A.54). mg is calculated iteratively in the ini-
tialisation, using the Newton-Raphson method with mg according to the ideal
gas law as the initial guess. Figure A.10 shows a simulation of the accumulator
model when it is first charged with a constant flow, then kept at constant gas
volume and finally emptied with a constant flow. For comparison, the pressure
curve for a linear model with constant capacitance subject to the same flow
input is included as well. Clearly, the linear model does not capture the effect
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of considering the gas temperature and the thermal losses to the surroundings.
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Figure A.10 Hopsan simulation of the non-linear and linear accumulator
model for a charging and discharging cycle. Main simulation parameters: T0 =
293 K , V0 = 40 L, p0 = 90 bar, T∞ = 293 K, τw = 60 s, cv = 743 J/(Kg·K),
T = 0.0001 s (simulation time step). For the linear model, C = 1.3 · 10−9 m5/N
was used.

A.6 Hydrostatic Pump/Motors
The component model described in this section was used to model the A11VO
units in the HWIL simulation test rig. The units are modelled as Q-components
in Hopsan, using the pump/motor component from the default library. The
principal model layout is shown in figure A.11.
The shaft speed is determined by the equation of motion according to:

T3 +Bpm · ω3 − (p1 − p2)Dε = −Jpmω̇3 (A.65)
The flows are calculated as:{

q1 = −ω3Dε−Kc,pm · (p1 − p2)
q2 = ω3Dε+Kc,pm · (p1 − p2)

(A.66)

The losses are included as viscous friction and laminar leakage coefficients.
These coefficients are varied according to loss models. The modelling of losses
in hydrostatic pump/motors is difficult due to their complex nature, and there
are several attempts available in the literature, see for instance [106] for an
overview. Here, the losses were modelled using a modified version of the Poly-
mod model [107], in which the losses are represented by a polynomial depending
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Jpm
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Tl
Bpm

ε

p1

p2

q1

q2

Kc,pm

D ql

Figure A.11 Pump/motor with displacement D, relative displacement ε,
shaft speed ω3, shaft torque T3, pressures p1 and p2, flows q1 and q2 and rota-
tional inertia Jpm. Torque losses (Tl) are modelled as viscous friction Bpm, while
leakage (ql) is modelled with laminar leakage coefficient Kc,pm. The pump/-
motor component is modelled as a Q-component with the corresponding sign
conventions on the torques, speeds, pressures and flows.

on pressure, displacement setting and shaft speed. The modification consists of
adding a turbulent leakage term and excluding some of the terms which were
found to have little influence on the losses. The loss models with coefficient
values used in the model are:

{
Tl = Bpm |ω3| = k0 + k1 |p1 − p2|+ k2 |ω3|+ k3ω

2
3 + k4 |(p1 − p2)ω3|

ql = Kc,pm |p1 − p2| = m1 |p1 − p2|ω2
3 +m2 |p1 − p2|+m3 |ε|+m4

√
|p1 − p2|
(A.67)

k0 = 9.2 Nm m1 = 0.5 · 10−16 m5s/Nrad2

k1 = 2.3 · 10−7 m3 m2 = −0.3 · 10−12 m5/Ns

k2 = −0.13 Nms/rad m3 = −1 · 10−5 m3/s

k3 = 7.5 · 10−4 Nms2/rad2 m4 = 3.0 · 10−8 m4/sN1/2

k4 = −0.9 · 10−9 m3s/rad

The models in equation (A.67) were validated in [55] for a closed-circuit vari-
able axial piston unit of the in-line design with a maximum displacement of 110
cm3/rev. The units used in this thesis were of the same type and size, but were
designed for open-circuit operation, which means that one side is constantly
subject to tank pressure. Also, the unit in [55] was equipped with an internal
boost pump, whereas the units used in this thesis were not. This difference
was compensated for by reducing the constant torque loss term, k0, by the
corresponding value.
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B
Test Rig Control

This section describes the control strategy used in the test rig described in
chapter 3. The control problems are equivalent in side 1 and side 2 of the
rig, and therefore only the controller for side 1 is described here. The control
problem, shown in figure B.1, is a valve-controlled motor with a disturbance
torque [47]. The reference speed, ω1,ref , is the output from the Hopsan model
as shown in figure 3.8e. Since the majority of the inertial effects (vehicle mass
and engine flywheel) are included in the Hopsan model, the shafts have very
low inertia. This enables fast speed response, but also makes the controller
sensitive to disturbances.

FPI(s)ω1,ref
psup

xv,ref

ω1
Dm

xv,ref,DJ
Feedback
controller

Feed-
forward
controller

Disturbance
rejection

T1

pT,sup ≈ 0

xv,ref,FF

xv,ref,PI

pL D1

ε1

Unit 1

psys

α

pT ≈ 0

Figure B.1 Control strategy for side 1 in the test rig.

The controller is divided into a feedback part, a feedforward part and a
disturbance rejection part:

xv,ref = xv,ref,PI + xv,ref,FF + xv,ref,DJ (B.1)

The feedback part is a standard proportional-integrator controller:
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xv,ref,PI = FPI(s) (ω1,ref − ω1) = KPI

(
1 + ωI

s

)
(ω1,ref − ω1) (B.2)

For the feedforward and disturbance rejection parts, a model for a 4-port
symmetric, under-lapped valve is used [47]. The valve flow is directly translated
to a shaft speed (the volumes between the valve and the motor and leakage are
ignored):

ω1Dm = Cqπd

[
(Uv + xv)

√
psup − pL

ρoil
− (Uv − xv)

√
psup + pL

ρoil

]
(B.3)

where Uv is the valve underlap (|xv| < Uv), ρoil is the oil density and d is
the valve spool diameter.
The feedforward and disturbance rejection parts are obtained by solving

equation (B.3) for xv:

xv =
−Cqdπ

(√
psup − pL −

√
psup + pL

)
Uv +√ρoilDmω1

Cqdπ
(√
psup − pL +√psup + pL

) (B.4)

The feedforward part is then based on the term that includes ω1. For this
term, the effect of pL is ignored (pL ≈ 0). Furthermore, a lead-compensating
filter is used to compensate for servo valve dynamics:

xv,ref,FF = KFF
Dm

2Cqdπ
√

psup
ρoil

·
s

ωff,1
+ 1

s
ωff,2

+ 1 · ω1,ref (B.5)

where KFF is the feedforward gain. In the test rig, psup is controlled with
a pressure relief valve. Due to its static characteristics, the pressure varies
significantly with the shaft speeds. Therefore, the measured pressure is used in
the implementation of equation (B.5) to actively compensate for this variation.
The sensitivity on the control from the disturbance torque comes from the

fact that pL changes with T1, which in turn changes the valve flow. This is
observed in the first term in equation (B.4), which is used to create the dis-
turbance rejection part of the controller. Due to the high capacitance in the
transmission circuit, the disturbance torque is directly determined by the trans-
mission pressure and transmission unit displacement. These two parameters
may then be used to estimate pL with lower risk of feedback loop instabilities
compared to measuring pL directly. Ignoring shaft inertia and friction, pL may
then be estimated as:

p̂L = D1

Dm
psysε1KDJ,2 (B.6)

where KDJ,2 is a gain that is used to compensate for estimation errors,
and psys and ε1 are measured. The full disturbance rejection part is then
determined according to:
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xv,ref,DJ =
√
psup + p̂L −

√
psup − p̂L√

psup + p̂L +
√
psup − p̂L

· Uv ·KDJ (B.7)

where signed square roots are used in the rig implementation of equation
(B.7) to ensure continuous function values at low supply pressures. KDJ is the
disturbance rejection gain.
Figure B.2 shows the performance of the speed control for steps in reference

speed. The response is well damped and fast considering the relatively large
step size. However, the proportional-integrator part of the signal is large in
both static and dynamic parts of the measurements, which indicates that the
feedforward part could be enhanced. It should also be noted that during HWIL
simulation, the shaft speed reference does not change this rapidly, due to the
inertial effects included in the model.
Figure B.3 shows the effect of the disturbance rejection part of the con-

troller. Without the rejection part, the disturbance is handled by the feedback
controller, which is relatively slow, thereby causing large disturbances in shaft
speed. It should be noted that, during the tests presented in figure B.3, the
step in displacement setting of unit 1 causes a flow into the accumulator, which
increases the pressure throughout the measurement.
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Figure B.2 Step response in shaft speed reference. The tests were carried
out with a rig supply pressure of 240 bar.
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Figure B.3 Illustration of the effect of disturbance rejection when steps are
made in the displacement setting of unit 1. The transmission system pressure
has been normalised with a value of 100 bar. The tests were carried out with a
rig supply pressure of 240 bar.

The low inertia of the shafts also gives rise to a constant oscillation of the
shaft speed when no load is applied. This phenomenon is presumably also
influenced by some play present in the shaft connections. These oscillations
are, however, assumed to have negligible influence on the results. Some noise
spikes are also observable in some curves. These were removed with software
filtering in the rig measurement system after these measurements were made.
Controller parameters used in the implemented controllers are provided in

table B.1. The rig hardware components used for each side are listed in table
B.2.
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Table B.1 Parameters values used in the rig controllers. Since the model was
adapted for side 1, and side 2 has a smaller servo valve (see table B.2), there
are differences in the control gains between the two sides. Both controllers were
trimmed manually with tests similar to those in figures B.2 and B.3.

Parameter (same in both controllers) Value
ωff,1 40 rad/s
ωff,2 500 rad/s
Uv 0.3067 mm
Cq 0.67
d 25 mm
ρoil 880 kg/m3

D1 = D2 110 cm3/rev
Dm 110 cm3/rev
Parameter (specific in each controller) Side 1 Side 2
KPI 0.023 0.021
ωI 6 40
KFF 0.58 0.96
KDJ 1.38 1.16
KDJ,2 1.7 1.37

Table B.2 Components used in the rig.

Component Brand and type
Servo valve side 1 Bosch Rexroth 4WRDE25V350L-50/6L24EZ9/MR
Servo valve side 2 Bosch Rexroth 4WRDE16V200L-50/6L24ETZ9/MR
Hydraulic motor
sides 1 and 2 Volvo F11-110-MF-CN-K
Torque/speed transducer
sides 1 and 2 HBM T30FN
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C
Full Decoupled
System Matrix

This section shows the derivation of the decoupled open-loop transfer function,
G̃O(s) in equation (4.22), and the effect of assuming equally fast response of
the two displacement controllers. Recall equation (4.15):

GO (s) =
D1(amωICE,0+bmωout,0)Gε,1(s)

Cs+KC
D2(cmωICE,0+dmωout,0)Gε,2(s)

Cs+KC 0
− bmD1psys,0Gε,1(s)

Jvs+Bv −dmD2psys,0Gε,2(s)
Jvs+Bv 0

−amD1psys,0Gε,1(s)
JICEs+BICE − cmD2psys,0Gε,2(s)

JICEs+BICE
KICEGT (s)
JICEs+BICE


(C.1)

and equation (4.20):

Wm =G−1
ts,m (0) =

dm
(amdm−bmcm)D1ωICE,0

cmωICE,0+dmωout,0
(amdm−bmcm)D1psys,0ωICE,0

0
bm

(bmcm−amdm)D2ωICE,0

amωICE,0+bmωout,0
(bmcm−amdm)D2psys,0ωICE,0

0
psys,0

KICEωICE,0

ωout,0
KICEωICE,0

1
KICE

 (C.2)
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This yields the following decoupled open-loop transfer function (also provided
in paper [IV]):

G̃O (s) = GO (s)Wm =

g̃1,1 (s) g̃1,2 (s) 0
g̃2,1 (s) g̃2,2 (s) 0
g̃3,1 (s) g̃3,2 (s) g̃3,3 (s)

 (C.3)

where the matrix elements are determined by (the off-diagonal elements are
not provided in paper [IV]):

g̃1,1 (s) = −dm(amωICE,0+bmωout,0)Gε,1(s)+bm(cmωICE,0+dmωout,0)Gε,2(s)
(bmcm−amdm)(Cs+KC)ωICE,0

g̃2,2 (s) = bm(cmωICE,0+dmωout,0)Gε,1(s)−dm(amωICE,0+bmωout,0)Gε,2(s)
(bmcm−amdm)(Jvs+Bv)ωICE,0

g̃3,3 (s) = GT (s)
JICEs+BICE

g̃1,2 (s) = − (amωICE,0+bmωout,0)(cmωICE,0+dmωout,0)[Gε,1(s)−Gε,2(s)]
psys,0ωICE,0(bmcm−amdm)(Kc+Cs)

g̃2,1 (s) = bmdmpsys,0[(Gε,1(s)−Gε,2(s)]
ωICE,0(bmcm−amdm)(Bv+Jvs)

g̃3,1 (s) = psys,0[amdmGε,1(s)−bmcmGε,2(s)+(bmcm−amdm)GT (s)]
(bmcm−amdm)(BICE+JICEs)ωICE,0

g̃3,2 (s) = am(cmωICE,0+dmωout,0)Gε,1(s)−cm(amωICE,0+bmωout,0)Gε,2(s)+(bmcm−amdm)ωout,0GT (s)
(bmcm−amdm)(BICE+JICEs)ωICE,0

(C.4)
Assume equally fast displacement controllers (from equation (4.21)):

Gε,1(s) = Gε,2(s) = Gε(s) = 1
s2

ω2
a

+ 2 δaωa s+ 1
(C.5)

The decoupled transfer function then becomes, as in equation (4.22):

G̃O (s) =GO (s)Wm =
Gε(s)
Cs+KC 0 0

0 Gε(s)
Jvs+Bv 0

psys,0(GT (s)−Gε(s))
ωICE,0(JICEs+BICE)

wout,0(GT (s)−Gε(s))
ωICE,0(JICEs+BICE)

GT (s)
JICEs+BICE

 (C.6)
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D
Additional

Measurements

This chapter presents some measurements that are not part of the primary
findings in this thesis, but are provided for the interested reader.

Adjusting Moment in Axial Piston Pumps
In axial piston units, an oscillating adjusting moment, caused by the pistons
entering and leaving the high- and low-pressure regions on the unit valve plate,
acts on the swash plate [46]. This torque was modelled as its mean value in this
thesis work (paper [II]), as the oscillations were found to have no effect on the
displacement setting itself. In the control piston pressure the oscillations were,
however, observable, especially at low shaft speeds, as illustrated in figure D.1.
The measurements shown in figure D.1 were carried out on unit 2 in the test
rig, while unit 1 controlled the accumulator pressure and the shaft speed was
controlled by the rig controller. Due to poor performance of the rig controllers
at the time of the measurements, some variations are present in shaft speed
and system pressure. The noise spikes observable in some curves were removed
with software filtering in the rig measurement system after these measurements
were made.
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Figure D.1 Effect of the oscillating torque (control piston pressure) acting
on the swash plate for a sweep in displacement during 100 bar (left) and 150
bar (right) in system pressure. Note that 1: the frequency of the oscillation
is proportional to the shaft speed [46] (ωext = 2ωshaftnpistons ), and 2: the
oscillation is only visible when the swash plate is moving (this is presumably
caused by the friction which absorbs this torque when the swash plate stands
still), and 3: for the low speed measurements (black), the slopes of the ramps
in the control piston pressure change signs when the speed changes sign at T=3
seconds, and 4: the torque mean value changes with shaft speed and system
pressure while its and amplitude value changes with the system pressure.
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