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Abstract 
This Bachelor of Science thesis consists of an efficiency evaluation and creation of a 

theoretical model for an Atlas Copcos epicyclic gearbox. The thesis starts with a 

theoretical chapter containing the fundamentals of epicyclic gearing and the build of the 

specific gearbox investigated. The following chapter contains former testing and theory 

of power losses in a gearbox. After the theory is explained the next chapter contains 

testing, compromises and assumptions during testing and also results from the testing. 

The next chapter explains the Matlab calculation program based on the theory and 

measurements. Finally the model is validated against reference a reference model and 

against real gearbox measurements followed by some closing conclusions. The final 

model calculates the efficiency rather well and has a linear difference. The difference is 

static since some losses have been left out, it can be fixed with an empirical correction 

factor which corrects the values and predicts an acceptable efficiency. The correction 

factor for the surface roughness also decreases the difference. 
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Sammanfattning 

Denna rapport behandlar en utvärdering och modellering av förlusterna i en planetväxel. 

Rapporten börjar med en teoretisk bakgrund där planetväxelns uppbyggnad och 

funktion gås igenom. Därefter kommer ett kapitel som behandlar tidigare tester av 

växeln och hur framtida tester kommer att ske och varför. Detta kapitel innehåller även 

förlustteorier där alla förluster i planetväxeln kartläggs och förklaras. Efter det 

teoretiska kapitlet kommer det ett praktiskt kapitel där alla mätningar redovisas samt det 

förklaras hur mätningarna gått till och hur kompromisser fått göras för att få fram ett 

reellt resultat. Sista kapitlet behandlar den matlab modell som med hjälp av kapitel ett 

och två tagits fram, kapitlet innehåller även hur väl modellen står sig mot en faktiskt 

växel. Den framtagna modellen visade relativt bra nogrannhet och skalbarhet till storlek 

av växlar. Modellen visar en relativt korrekt verkningsgrad men har ett statiskt fel som 

kan betraktas som linjärt under olika varvtal och moment. Det statiska felet blev mindre 

med korrigering av ytfinhet samt en empiriskt framtagen korrektionsfaktor. 
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1 Introduction 

The assembly industries of today use electrical and pneumatic nutrunners for many of 

their fastening applications. The nutrunner market is full of competing manufacturers 

doing their best to make their product stand out and be ahead of the competition. Atlas 

Copco have been making nutrunners since early 1900’s and are always trying to find 

ways to improve the performance of their tools. One step in this improvement process is 

to map and analyze the losses of the in-tool planetary gearbox.  

This Bachelor of Science thesis will investigate the losses occurring and with an 

experimental test rig try to explain why they take place and how to minimize them. 

Power losses with unwanted heating of the tool as a result are unavoidable in all rotating 

machines. But knowledge about the losses gives a fundament to improve the efficiency 

and thus reducing the heat generated. In Atlas Copcos current range of tools, a major 

part the generated losses are located in the planetary gearbox.  

The main objective with this thesis work is to analyze and understand the losses existing 

in the gearbox and from this knowledge develop a model to help designing a more 

efficient gearbox. The model made should be valid to planetary gearboxes of different 

sizes and gearings. The work will result in an understanding of the occurring losses and 

a Matlab program, usable for simulating the power losses in the gearbox. 

1.1 Restrictions 

This report will focus on the Tensor ST Series tools and a complete losses modulation 

of this machines 2 stage 35:1 ratio gearbox. 

The specified running conditions declares an upper limit of 50000 Rpm and 1 Nm of 

engine torque since this is the upper limit of the high speed torque transducer in the test 

rig. 

The model calculations will be made from previously known formulas modified to fit 

the gearbox chosen. 
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1.2 The nutrunner design  

 

Figure 1 Picture of the investigated tool. 

The tool investigated is from Atlas Copco ST series and consists of three main parts.   

 Gear Housing the gearbox and bevel gear. 

 Motor Housing the engine and has a grip surface. 

 Handle Housing the trigger button and handle.  

1.3 The Gearbox design 

 

Figure 2 Picture of the complete gearbox 

The gearbox focused on, and used for model validation in this report is a 2 stage 

planetary gearbox made by Atlas Copco. The exploded view shows the components of 

the gearbox that will be explained in this chapter. 

 

1. gear rim that functions as ring wheel 

2. the planetary holder stage 2 complete assembly with planetary wheels 

3. thin distance washer between stage 1 and 2 

4. planetary holder stage 1 also acting sun wheel stage 2  

5. needle bearing 

6. planetary wheel stage 1 

7. o-ring 

8. thick washer or endplate stage 1 

9. circlip to keep the thick washer in place 

10. ingoing shaft from electric motor with sun wheel 
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The gearbox is made from hardened steel and has a gear ratio of 35 times in order to 

convert a high rotational speed into a large torque.  

The power comes in from the electric motor to shaft (10) which is the sun wheel of the 

first stage. The sun wheel drives the planetary wheels (6) witch rotates in the gear rim 

causing a lower speed on the planetary holder (4) stage 1. The power is transferred to 

the planetary wheels stage 2 (2) through the sun wheel stage 2 (4) that has the same 

rotational speed as the planetary holder stage 1. The outgoing shaft is the planetary 

holder (2) stage 2 which has 35 times lower rotational speed than the electric motor.  

The thin washer (3) is used as a distance between the planetary holders stage 1 and 2. It 

has a smooth surface since the planetary holders has different speeds. 

 

 

1.4 Why it is important to be able to simulate gearbox 
losses 

One might ask why the tool losses are so important to analyze and minimize. One easy 

answer would be “to have the best tool” but there are several underlying factors why it 

is so important “to have the best tool”. Let us start by reviewing a typical duty cycle for 

a nutrunner. 

 

Figure 3 Display a normal duty cycle for an Atlas Copco nutrunner.  

As shown in figure 3 the total time of operation can be separated in to two main sub 

sections. The first being the rundown and the second being the tightening section. In the 

total time of operation the desired action is the tightening section since the goal with the 

nutrunner is to tighten two objects together with a threaded joint. The rundown part is a 

necessity order to achieve the tightening but not desired by itself. When the tool is used 

in the assembly industry, the more tightenings it can make on a given period time the 

more cost efficient the assembly process gets. Hence the ongoing struggle of nutrunner 

manufacturers is to reduce the cycle time and thereby increasing the cost efficiency of 
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the assembly process making their tool the desirable one. Here is where the problem 

starts, with shorter cycle time the tool needs to be faster in the rundown and tightening 

section. However shortening the tightening section is more complicated than shortening 

the rundown section since the tightening section requires a highly accurate tightening 

torque. The rundown section on the other hand has fewer demands on accuracy and the 

threading speed can therefore be a lot higher. Increasing the speed does introduce new 

problems and the main problem is the heat generated in the tool. If the nutrunners power 

loss during the total time of operations gets to large the tool will get to warm for an 

operator to handle. This means that he must wait before the next tightening cycle to let 

the tool cool down and the cycle time increases. This means that for each tool design 

there is an optimal total time of operations and for each nut threading there is an optimal 

tool design where the cycle time is at a minimum. Figure 4 shows a theoretical diagram 

of the cycle time depending on the total time of operation (i.e. threading speed). At 

Atlas Copco the work to finding this optimal tool design is an everlasting process. The 

value in having the possibility to simulate the losses in the entire tool is that the most 

efficient tool for each treading can be acquired, thus making it the fastest and most 

desirable one. 

.  

Figure 4 Illustrates the relationship between tool speed (total time of operation) and 

total cycle time for a given tightening sequence. 

1.4.1 Atlas Copcos previous knowledge about power losses in 
planetary gears 

To be able to find the optimal tool design for each threading scenario it would be 

helpful to simulate all different power losses in the tool. Atlas Copco has done a lot of 

work in simulating the engine and empirical studies has been done on the bevel gear 

efficiency. The gearbox losses known are still fairly validated and consist mainly of 

theoretical speculations and measurements. This is however not in any real usage when 

trying to develop a more efficient gearbox. 
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1.4.2 Points of extra interests 

With the loss modulation of the planetary gear comes some extra interesting issues that 

should be analyzed and explained. These are: 

 What are the total gearbox losses? 

 What are the individual gear mesh losses? 

 How will the filling ratio of grease affect the losses? 

 How will heating affect the losses? 

1.5 Method and testing 

The work with this thesis will start with theory of power losses and Matlab research. 

When the test rig (chapter 1.5.2) is ready some time will be spent by learning how it 

works. Then the parallel work with testing and creation of the Matlab simulation model 

will begin. When the model is in working condition the focus will be to correct it 

against the measured values of power losses. The last time will be spent on discussing 

the results and to write a technical report. 

1.5.1 Power loss model 

The loss model for the gearbox will be built in Matlab. The program will consist of a 

main file that calls several smaller files that calculates the sub losses. The model will 

require in data of the gear geometry and running conditions and then the program 

calculates the losses which will be represented as out data. The model will be based on 

previous existing reports calculation that will be integrated to fit planetary gears.  

1.5.2 Testing of gearboxes 

In order to determine the size of the actual power losses a test rig will be used. The test 

rig consists of two nutrunners that will be run against each other. Between the tools a 

gearbox with torque transducers on each side will be mounted. The torque transducers 

measure the rotational speed and torque which combined are the in and outgoing power 

of the gearbox. The decrease in power between the transducers is the power loss 
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Figure 5 Picture of the test rig 

The picture above shows the used test rig that consists of the following parts. 

1. Braking tool 

2. Low speed side torque transducer 

3. Gearbox in the test rig mounting 

4. High speed torque transducer 

5. Driving tool 

This test rig will be used since the platform for it already exists and new software will 

be written for the driving and braking tool that is used. The rig is a good instrument to 

simulate the working environment of a gearbox. However there is always room for 

errors when simulation is done. The torque transducers have a lower limit of torque for 

accuracy. These transducers will also contribute to power losses due to internal friction 

in bearings. 
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Figure 6 Diagram over the wanted running conditions during testing 

The graph above illustrates the desired speed and load running conditions for the 

gearbox in the test rig. 
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2 Theory of the gearbox and power 
losses 

2.1 The epicyclic gear 

 

Figure 7 Illustrates the first stage of the planetary gear in this report. 

 

 

Epicyclic gear or more commonly named planetary gear is a form of gear setup 

typically used in applications where high gear ratio and/or small dimensions are sought 

after. There are several different kinds of epicyclical gears available, the most common 

being the three and four wheel types. The gearbox in this thesis uses a three wheel 

design implementing three planetary gears in two stages. A three wheel design must 

however not use three planetary gears as three refer to the number of different sized 

wheels not the number of planetary wheels. A single stage can achieve a ratio of 

approximately ten, although sometimes an even higher ratio is required. In order to 

achieve this higher ratio two or more stages can be paired in an enclosure creating a 

gearbox with variable gear ratio and axis rotational direction.  

 

The three wheel planetary gear stage consists of four parts. 

 

1. Sun gear (center) S 

2. Planetary gears (the three gears rotating around the Sun gear)  

3. Planetary carrier (holds the planetary gears in place so the gear doesn’t jam) C 

4. Ring wheel (the outer gear rim) R 

 

By locking the rotation of different components in the gear, four ratios and two 

rotational directions can be achieved. By changing the input and output axes even more 

ratios are available. In this table the data from stage one from the Atlas Copco 

4220220200 gearbox is used. 

 

 Input Output Stationary Calculation Gear ratio 
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1 Sun Planet carrier Ring 1 + R/S 7.43 

2 Planet carrier Ring Sun 1 / (1 + S/R) 0.87 

3 Sun Ring Planet carrier -R/S -6.43 

4 All All Planetary gears 1 1 

Table over rotations 

 

Figure 8 Illustration of locked ring wheel 

 

1.  Locking the ring wheel and using the sun wheel as input creates as mentioned in the 

table above a down shift action with the sun gear having to do multiple turns for the 

planet carrier to do one. Using the formula in the table the outgoing axial rotation is 

given by. 

  

c

S

R
S 




1

 
(1) 

  

Since the ratio is listed as 7.43 in this example, the incoming sun wheel will have to do 

7.43 rotations for the outgoing planet carrier to do one. 

 

Given that the power going in to the gear must be the same as the power coming out 

from it and when the rotational speed decreases either the torque or the frictional losses 

will have to increase to keep this ratio to one.  

 

OutIn TT
S

R
 )1(  (2) 
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In reality however there is a loss of torque in every gear mesh cycle giving the real 

world formula   

OutmeshIn TTT
S

R
 )1(  (3) 

 

Since the planetary gear in this thesis is constructed in this way case 2-4 are not 

explained as thoroughly.  

   
2.   3.   4. 

Figure 9 Show the different ways of rotation for a planetary gear 

 

2: By locking the sun wheel and using the planetary holder as input axes an up shift is 

achieved reducing the torque and increasing the rotational speed. This often used in 

automobile gearboxes where it creates an overdrive gear. 

  

3. By locking the planetary holder and using the sun gear as input both a down shift and 

a change of rotational direction is achieved. This also useful in gearboxes but here it 

creates a reverse. 

 

4. In this example the planetary gears are locked, this means that the entire gear is 

working as a normal shaft. This is seldom used alone since it doesn’t change the gear 

ratio. When you have a reverse gear or an overdrive gear it is practical to lock the 

planetary gear saving space in the gearbox and meaning that you can use the same axle 

as the ordinary gear.  

 

2.2 Gearbox losses 

The gearbox function is to transform a revolving moment to either a slower rotating but 

stronger or faster rotating but weaker force. In this case its function is to reduce the 

engine speed in order to generate a large torque. To do this the gearbox consists of a 

spur gear planetary design, meaning that the teeth of the gears are cut out in a straight 

line parallel to the axial line of the gear as well as rotating around each other. The gears 

teeth shapes are involutes, meaning that the line of contact between the gears is linear. 

When transferring a force from one gear to another some losses are inevitable. Let us 

have a look at the line of contact-cycle between two gears to see what the occurring 

losses are. 
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Figure 10 show the mesh cycle for external gears 

Point 1: start of the mesh-cycle were our green marked tooth is about to go in to contact. 

The straight line represents the point of contact between the gears. As mentioned earlier 

this line is linear, meaning that the teeth in contact must slide and roll against each other 

to move the point of contact along the straight line. The circles in the picture represents 

points of contact meaning in this case when our marked tooth goes in to contact the 

tooth in front of it are still in contact, this means that the tooth only have to carry half 

the load at this point. The dark area in the picture represents the grease/air lubricant 

used to lubricate the gearbox. In this example the grease is taking up all the empty 

spaces between the teeth. 

 

Figure 11 show the mesh cycle for external gears 

 

Point 2: end of two gear contact, this picture illustrates the point in the mesh-cycle 

where the tooth in front of the marked tooth goes out of contact. This means that the 

entire transferring load is resting on the marked tooth. The sliding action is illustrated as 

the marked tooth have slide against the tooth driven. The viscous losses at this stage are 

becoming visible as the area in front of the tooth tip are beginning to close meaning the 

grease now either have to be pushed out at the small opening still remaining or being 

pushed out through the sides of the gear. 
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Figure 12 show the mesh cycle for external gears 

 

Point 3: At point three the contact point and the axels of both the gears are parallel to 

each other. Here the sliding velocity changes direction and is at a local zero as the 

sliding changes from the driving gear gliding against the driven to the opposite. Here 

the churning losses are more obvious as the small opening for the grease to escape in 

has been completely shut meaning that the only escape route now is the sides of the 

gear. 

 

 

Figure 13 show the mesh cycle for external gears 
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Point 4: end of one teeth contact, at this point the tooth behind our marked tooth comes 

into contact thus taking half of the load. The grease space is now at a minimum meaning 

that the churning losses should be zero. 

  

 

 

Figure 14 show the mesh cycle for external gears 

 

Point 5: end of the mesh-cycle, this picture illustrates the tooth going out of contact at 

the end of the contact line. The gray area have grown from point 4 meaning that the 

viscous forces are now working to suck in grease in the created void, further enhancing 

the churning losses. 

This example explained on a basic level where the frictional and churning losses occur 

in a gear mesh. The next step is how each of these losses are calculated and later added 

to the losses model.  

One assumption in this model for the external gears is the maximum intervention rate 

for involutes gear to gear meshing is 1.98 (Gerbert, 1993). This means that it will 

always be a point in the mesh where only one tooth is carrying the load. In the real 

world however, it is possible to achieve a higher intervention rate than this because of 

teeth flexing. This might occur if the gears have a very small module to diameter ratio 

or are exposed to a very large normal force and hence bent. If the flexing becomes big 

enough the point in the mesh with only one tooth carrying the load may disappear.  

2.3 Mechanical losses  

The mechanical losses of the gearbox can be divided into different sub losses. These sub 

losses are: 

 sliding losses 

 rolling losses 

 gliding losses  

 gear bearing losses 
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In order to calculate these losses several different methods are available. The ones 

chosen and used for rolling and sliding (which are the two biggest sub losses) come 

from Anderson & Loewenthal and their report “Spur-Gear-System efficiency at full and 

partial load” (Anderson & Loewenthal, 1980).  Even though the report is almost thirty 

years old it is still the back bone of spur gear losses calculation (for example used by 

Mantriota and Pennestri in “Theoretical and Experimental Efficiency Analysis of Multi-

Degrees-of-Freedom Epicyclic Gear Trains”(Mantriota et al, 2003)).  

The decision to use the model by Anderson & Loewenthal where based on a report 

“Comparison of spur gear efficiency prediction methods”( Anderson & Loewenthal, 

1981) that compared five different methods, of those did only two use additional terms 

due to pumping or rolling loss. All of the methods showed equal results in sliding losses 

if the same coefficient of friction where used. This shows that the right coefficient of 

friction will become crucial for the best result, since the rest of the sliding losses depend 

on the mesh geometry and given in data. 

The test results from the study showed that the Anderson & Loewethals method gave 

good prediction of power loss.  

The rolling loss in the method was performed with oil-jet lubricated gears. Since the 

investigated gearbox uses grease as lubricant and not an active oil-jet lubrication the 

expression for the oil film might have to be modified with a correction factor, since the 

supply of new grease is unknown.  

The following equations are depending on where the mesh is in the cycle. In order to 

obtain the mean power loss for the mesh each mesh cycle is divided into small bits and 

then integrated to achieve the most accurate results. In older applications of the method 

they often used one or few calculation points along the mesh line this creates a mean 

value that does not truly represent the reality. In development of this model testing is 

done to assure enough calculation points are used.  

2.3.1 Sliding losses 

Sliding losses always occur when two surfaces slide against each other, in this case 

teeth in a spur gear mesh interacts and creates a power loss. If you look at the contact 

area at a macro level the surfaces looks very smooth. At micro level however the 

surface looks more like a mountain chain with an endless supply of valleys and peaks. 

When these two “rough” surfaces slides against each other the peaks collide and a large 

amount of frictional heat is generated alongside wear. In order to keep this loss at a 

minimum the gears are lubricated with oil or grease. Making the surfaces separate from 

each other and instead sliding against the lubricant. 
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Micro level           Macro level 

Figure 15 shows surface roughness on different levels 

 

 

There are three levels of contact when calculating the sliding losses: Dry friction, 

Lubricated friction and Film friction. 

Dry friction: the surfaces slides directly against each other causing high friction 

coefficient. 

Lubricated friction: the sliding surfaces are partially separated by a lubricant, reducing 

the friction. 

Fluid friction: the surfaces are completely 

separated by oil, greatly reduces the friction  

Figure x shows an example of how the 

coefficient of friction rapidly changes when 

it moves from lubricated to fluid friction. It 

is also visible that the coefficient keeps 

reducing after the change to fluid friction. 

The amount of change due to speed is 

however different to every scenario. 

 

As explained the fluid friction is the 

preferred type of friction from a loss 

minimization perspective. To achieve and 

maintain a fluid type friction the sliding 

velocity must be high enough to separate the 

two surfaces. If the speed is low the same 

effect can be achieved by using a lubricant 

with a higher viscosity. Or if the surface roughness is decreased a lubricant with a lower 

viscosity can be used. 

 

Figure 16 Illustrastes contact change 
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 (Benedict G.H & Kelley B.W, 1961) 

The formula used to calculate the coefficient of friction comes from Benedict and 

Kelley  (Benedict & Kelley, 1961) and presumes that the friction is fluid at all times in 

sliding cycle.  

The correction factor for the surface average roughness is calculated with. 

)*(*5,0 agapavg SSS   (5) 

 

This term will add friction if the surface between the mating gears is rough, which will 

increase the sliding power losses significant. This means that rough surfaces lowers the 

gearbox total efficiency. In the comparison of methods to predict efficiency (ref 5) the 

losses was most accurate by the Andersson & Loewenthal method. It was only two 

methods that took other losses than sliding in account, which means that the other 

methods must have a higher estimated coefficient of friction then the true value.  

 

 

The diagram shows the 

efficiency predicted by five 

different methods. The 

Andersson & Loewenthal 

method is the solid line and the 

measured values from the rig 

used are the circular markings. 

 

 

 

 

 

 

 

 

 

 

 

 

Figure 17 Comparison of efficiency theories 
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When the coefficient of friction is calculated the frictional force can be achieved by: 

 
)()()( xwxxF sss    (6) 

Where Fs is the force due to sliding, s  is the coefficient of friction and ws is the gear 

contact normal load. 

The contact normal load is the force of which the sliding surfaces are acting at each 

other. It is a geometrical calculation depending on the driving gears applied torque and 

distance from its centre to the point of contact in the mesh.  

)(*)(
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T
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(7) 

Z(x) is the momentary amount of spurs in the mesh and T is the torque on the driving 

gear. The radius determines the force lever r(x) and is mesh depending. 

 

The sliding force is the amount of force needed to slide the surfaces, combine it with the 

sliding velocity and it gives the sliding power loss. 

 

)()()( xVxFxP sss   
(8) 

 

 is the momentary power loss and  is the momentary sliding velocity. In order to 

calculate the cycle power loss a mean value is calculated. 
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2.3.2 Rolling losses 

When two lubricated cylinders roll against each other a rolling loss is generated from 

the pressure build up in the lubricant as it is squeezed in between them. In the sliding 

losses section it is shown how important it is to ensure that the friction is in the fluid 

stage. To make sure the contact is fluid the gear designers use a lubricant with high 

enough viscosity. The pay off from this is the rolling forces gets bigger. Just like the 

sliding losses the formula used to calculate this loss are developed by Anderson & 

Loewenthal (Anderson & Loewenthal, 1980). Analyzing their result it is given that the 

rolling loss is somewhat load independent mainly depending upon the rolling velocity.  
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The rolling force is given by the equation 

wRr fxhCxF  )()( 2  (10) 

Where 
rF  is the rolling force, 

Rh  the fluid film thickness multiplied with a thermal 

reduction factor. The factor is developed to decrease the film thickness at high pitch line 

velocities for the heating created by lubrication inlet shear. In this thesis the thermal 

factor is set to 1 since adequate data to develop the correction factor is missing. The 

deduction for the thermal reduction factor is shown in appendix 1.  

 

The fluid film thickness is determined by the equation  

464.0067.067.0

011 )^())^(()^)(()( xRxwxVCxh eqr    (11) 

 

The rolling power loss is given by 

)()( 3 xVFCxP rrr   (12) 

All of the lateral equations that not are shown here can be seen in appendix 2. 

2.3.3 Gliding losses 

The gliding losses occur when two surfaces glides against each other at a certain speed. 

The tool containing the gearbox is often used in different angles, the gliding losses 

would occur when the tool is used in a vertical position.  

 

Figure 18 shows disassembled gearbox and parts. 

The surfaces that might be subjected to gliding in a vertical position are the thin washer 

(4) since the planetary holders (3) and (6) has different rotational speeds. There is also 

the surface between planetary wheels (8) to the planetary holder (6) and the thick 

washer (10). The last contact interface is between the ingoing axle (13) and the 

planetary holder (6). 

 

The size of the force depends on the normal load and the coefficient of friction. 

*MPloss   (13) 
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 lossP  is the power loss, M is the frictional moment and   is the rotational speed in 

radians. 

 The frictional moment is defined by equation 8. 

rFM n **  (14) 

 is the coefficient of friction, nF is the normal force and r is the sliding radius. 

The gliding losses in this gearbox have been investigated by SKF (Ersson, 2009). That 

report assumes the coefficient of friction to be 0.1 which is metal to metal friction. Their 

chosen normal load is approximated as a result of the weight of the gears. The total 

power losses if these conditions where present would be 4 Watts. However the real 

coefficient of friction is lower due to lubrication and the normal force is a bit smaller. 

This value of 4 watts is also at an ingoing rotational speed of 60000 Rpm which means 

that these 4 watts of losses is a lot smaller at the tools present top speed. The gears have 

not shown any direct wear on these surfaces that might be exposed to gliding, it is also 

known that the gearbox is not subjected to external axial forces.  

These losses will be measured (chapter 3.3.8) and discussed later in this thesis. The 

model in Matlab will not include these losses since the other measurement of losses is 

made in a horizontal position. 

 

2.3.4 Bearing losses 

The gearbox that has been investigated and modeled contains 3 needle bearings in each 

of the planetary stages. The bearings in stage 1 are steel rollers encapsulated in plastic 

holders. In stage 2 they are full complement bearings which means that that the needles 

lies all around the axel tight against each other with a rib guide in the end. 

 The report from SKF (Ersson, 2009) Calculates the power loss in different bearings in 

order to obtain a comparison value since it only exists more empirical values for needle 

bearings. The values come from bigger and wider bearings than the actual needle 

bearings. 

The calculated value of losses is done at an ingoing rotational speed of 36000 rpm and 

torque of 1 Nm which is the highest input parameters. The losses became 6 Watts in 

stage 1 and 1 Watt in stage 2.  

These calculations are however made on equal bearings of double size in all measures 

and at the highest ingoing power of the gearbox. So since the losses seems to be rather 

linear in relationship to size and speed a bearing of half the diameter and half of the 

width would create 25 percent of these losses. So the first stage losses would become 

1.5 watts and the losses in stage 2 would become 0.25 watt. The maximum loss in the 

gearbox bearings would become around 1.75 Watts. Since these losses are comparably 

small and the compatibility of the equations for bearing losses.  However it will be 

taken into account when the measured values from the test rig will be compared to the 

model values.   
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2.4 Churning losses 

The other group of losses generated in the mesh cycle is the churning losses. 

Unfortunately, the studies on these losses are not as extensive as the studies done on the 

mechanical losses. There are some research done on the subject but then the next 

problem is that these studies use oil-jet or oil bath and not stationary grease as a 

lubricant. These factors will of course affect the loss estimates, how much is unknown 

but some calculations will be done. The formula chosen here are taken from 

Seetharaman & Kahramans report”Load independent spin power losses”. Their report is 

from 2009 and the newest found during the theory research. The report separates the 

churning losses in to two sub categories. Drag losses and Pocketing losses. The drag 

losses are then separated in to three sub losses. 

 Periphery drag losses 

 Face drag losses 

 Root filling losses 

The periphery losses are the drag generated on the periphery of the gear as it rotates in 

an air/lubricant mix. The Face drag losses are the drag generated on the sides of the gear 

as it rotates in an air/lubricant mix. The root filling losses are the losses generated when 

the cavities in a rotating gear are submerged in an oil bath. The second category of the 

churning losses is the pocketing or squeezing losses. This is the losses due to squeezing 

excess lubricant out of the cavities in the mesh of two mating gears. 

2.4.1 Drag losses 

Drag or “windage” power losses occur more or less in all rotating machines. These 

losses depend on peripheral velocity, teeth module of the gears, oil submersion dept and 

also the amount of oil mist in the surrounding air. The oil mist will increase the air 

friction against all rotating surfaces. Since the gearbox investigated uses grease 

lubrication the submersion dept is unknown as well as the percentage of air/grease mist. 

A test calculation is done to see if these losses are so small that they can be neglected.    

The windage losses for the investigated gearbox in this report where calculated for the 

sun gear stage 1 since it has the highest pitch line velocity. The losses due to periphery 

drag losses for the sun gear at 36000rpm became 0.00025 Watts, and this represents a 

worst case scenario where half of the gear is submerged into grease. This condition 

creates the highest value since the surrounding medium only consists of grease and no 

air mixture. The other loss that was counted on is the drag on the side face of the gear. 

This power loss became 0.0006 watts at 36000 rpm and the gear half submerged in 

grease, which also represent a very high estimation of the true value. The calculations of 

the drag losses can be seen in appendix 3. 

The root filling losses have not been counted on since the gears work in grease and 

these formulas is based on oil that flows into the cavities of the gear directly as it enters 

an oil bath. These calculated values will not be implemented in the Matlab model since 

they can be considered to be a lot higher than the actual values and also the uncertainty 

of the formulas relevance when thick grease is used as lubricant. 
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2.4.2 Pocketing losses  

Pocketing or squeezing losses are specified as the power needed to disperse the oil 

caught in the gear cavities during the mesh cycle. Since the formulas developed for this 

loss are requiring a gear that are fully submerged in oil and that the cavities are instantly 

fillet after it has dispersed. The filling rate in the cavities is strongly depending on the 

rotational speed and temperature. If the temperature is high the cavities fills up faster 

since the oil has a lower viscosity at higher temperatures, filling takes place at lower 

temperatures also but depending on the speed the cavities will only become partially 

filled.  

The pocketing loss is the power that is created when two adjacent teeth compress the oil 

filled cavity and the oil has to be squeezed out. This loss is modeled as a control volume 

determined by the mating gears involute form and the height of the area between the 

gears. In order to calculate this loss the control volumes areas has to be determined as a 

function of the mating gears angular position. The flow rate of the control volume will 

be strongly depending on the lubricants viscosity. One assumption made in order to 

calculate the pocketing losses is that the fluid in the cavity is incompressible which 

means that the effect of air in the fluid is not considered. This compressible fluid 

formulation of the churning losses is under investigation by Seetharaman & Kahraman 

that developed the report Load independent spin power loss. However these losses will 

not be calculated since the correct formula and knowledge about the grease flow 

behavior is considered as unknown. These losses will probably be present at some level 

and the determination of the size will be made by testing.  
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3 Test plan, earlier testing and test 
results 

How do you to measure the power losses in the gearbox? 

Well the short answer is this. Start with a known amount of power going in to the 

gearbox. Run the gearbox at typical conditions regarding speed and load. On the 

outgoing side measure the power coming out from the gearbox. This gives you the 

power going in to and the power coming out of the gear set. By subtracting the outgoing 

power from the ingoing you get a value, ∆P and this value represents the amount of 

power lost in the transmission.  

outin PPP   (15) 

The power loss equation 

The efficiency is a common used measure to compare different applications. 

in

in

P

PP 
  

(16) 

The general efficiency equation where  is the efficiency. 

However doing these measurements is not as simple as it sounds and doing it with high 

accuracy is even harder. In this part of the report it will be explained how all the testing 

was made and what we did to maximize the accuracy. 

 

 

3.1 Previous testing 

At Atlas Copco Tools AB some previous testing has been performed to experimentally 

decide the thermal power losses in the gearbox. However these tests were performed 

strictly empirical. The earlier rig used to analyze the performance of the planetary 

gearbox consisted of a large electric motor, some gearing, rods, low speed torque 

transducers and two of the planetary gearboxes mounted in a back to back configuration 

with a slender rod connecting the high-speed sides. This rig was however not design to 

measure the gearbox losses but to measure its durability. This means that the data from 

this rig is fairly inaccurate since no measures are made on the high speed side. Another 

problem is that the results gained are from measuring two gearboxes and not one and to 

correct this problem you have to estimate how the losses are distributed between them 
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3.2 Test plan  

The test plan is developed to provide test data for the different types of losses in the 

gearbox and the rig could be determined and separated. If the losses in each gear mesh 

in the gearbox could be separated from each other it would be possible to decide which 

mesh has the greatest impact on the total efficiency of the gearbox. These are the tests 

that will be performed: 

 Temperature difference between housing and grease 

 Defining the run down torque 

 Gearbox total losses 

 Test rig losses 

 Difference between new gearboxes 

 The influence of lubricant and filling ratio 

 Loss distribution between the stages 

 Gliding losses 

3.2.1 Test rig losses 

The test rig power losses need to be measured so it can be subtracted from values of the 

total power losses. This will be done by measuring the losses due to frictional losses in 

the torque transducers and the gearbox mounting shaft. 

3.2.2 Defining the run down torque 

The rundown torque is the lowest torque that the gearbox is subjected to. This torque 

will be tested by running a nut on a thread with a torque transducer between the 

machine and the nut. This torque will be needed in order to simulate a tightening cycle. 

3.2.3 Temperature difference 

The temperature difference between the gear housing and grease is important to know 

because if this factor is known in the future measurements it is enough to measure the 

outside temperature of the gearbox to estimate the grease temperature.  

3.2.4 Gearbox total losses 

The gearbox total power losses will be useful for all the following tests since the size of 

the total losses will be the reference. These measures will also be used to validate the 

Matlab model. These losses will be plotted at five different breaking torque settings and 

run the entire speed range of the gearbox. 
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3.2.5 Differences between new gearboxes 

Since it is unknown how much the power loss in new gearboxes can differentiate a tests 

consisting of three brand new gearboxes will be performed. These gearboxes will be run 

at two different scenarios to determent the differences between them. 

3.2.6 The influence of lubricant and filling ratio 

The present used grease filling ratios influence of the power losses will be determined 

by 3 gearboxes at different filling levels. These are: 

 Gear A is filled with standard level 

 Gear D is filled at minimum just enough to coat the mesh surfaces 

 Gear K is crammed with grease 

 

In order see how the choice of lubricant will affect the power losses in the gearbox, tests 

to show this will be run. To do this two differently lubricated gearboxes will be run. 

These are: 

 Gear A lubricated with marine gearbox oil 

 Gear C lubricated with Kluber Klubersynth ge14-141 normal filling ratio 

 Control gears. The mean value from the new gear test will be used as a 

reference. 

 

From the tests above not only the importance of the type of lubricant used can be 

analyzed but also the importance of filling ratio.  

3.2.7 Loss distribution between the stages 

In order to see what stage of the gearbox that has the biggest power losses the stages of 

the gearbox will be run separately in the rig. To perform this test a special shaft will be 

welded onto the first stage planetary holder in order to replace the second stage. If the 

power loss of the first stage is known at different running conditions then the losses in 

the second stage could be determined from the full gearbox tests. The distribution of 

losses can be seen in a picture taken of the gearbox with IR camera directly after 

running. 



Efficiency analysis of a planetary gearbox 

  25 

 

Figure 19.The picture shows heat distribution on the gearbox housing 

The picture from the ir camera indicates that the heat caused by power losses is larger in 

the first step of the gearbox (the right side).  

3.2.8 Gliding losses 

As discussed in chapter 2.3.3 the gearbox might be subjected to gliding losses due to 

axial forces when the tool is used in a vertical position. This will be tested with a 

standard lubricated gearbox with running conditions that is comparable to data from 

tests where the test rig is run horizontal.  

  

3.3 The measurements 

Given that there are different kinds of losses in the gearbox, it is interesting to be able to 

distinguish them from each other. These tests are the results from the wanted tests listed 

in the test plan. Since the rigs oscillating problem some tests were not actually usable or 

performable, but they are still mentioned and discussed below. 

 

3.3.1 Defining the rig losses 

To be able use the measurements from the test rig the losses in the rig itself must first be 

decided. Therefore different tests were constructed to determine these losses (Appendix 

4). However as soon learned the rig does not work as intended and starts to oscillate 

almost in every run. Upon this problem the torque transducers used are unable to 

measure the very low friction forces generated in the separate parts of the rig. The 

conclusion of this is that the rig power losses are neglected and the values gained from 

the torque transducers when they are in their specified torque range are trusted as 

absolute. 
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On the low speed side the 25 Nm rated torque transducer have a rated accuracy from 25 

to 5 Nm of torque (Atlas Cocpo) ant the torque transducer on the high speed side have a 

rated accuracy of 0.1% from 1 to 0.2 Nm (Kistler group 2008) below these lower limits 

no specification on the accuracy are made. 

3.3.1.1 The area of which testing can be performed 

Because of the rig oscillating and the factors mentioned above, most of the tests planed 

in the test plan where either unable to be performed or forced to be modified to get any 

useful data. An area can be described in which some tests were able to be performed.  

 

 

Figure 20 shows the measurable range. 

The gray area represents the torque and rotating speed on the high speed side that the rig 

is able to measure. 

 

3.3.2 Measuring the run down torque and power loss during 
tightening 

Since a large amount of the tightening cycle is the rundown part, investigating the 

torque required under this stage is essential to be able to accurately simulate a tightening 

cycle and the gearbox losses during this time. There are several factors that have 

influence on the torque such as the diameter, thread coarse and lubricant.  In a lot of 

applications lock nuts or thread-locking fluids are used which increases the torque 

significantly. In our test regular nuts and standard thread coarse without any lubrication 

will be used. To measure this torque several run downs will be completed and measured 

with the 2 Nm torque transducer. In his test an Atlas Copco standard M10 test bolt and 

nut will be used and tested at various speeds. The results of measuring a clean M10 test 

bolt and nut gave so small torques that the torque transducer used for measuring where a 

lot below its minimum level for accuracy (0.4 Nm). 



Efficiency analysis of a planetary gearbox 

  27 

So instead of the unusable values from the rundown on a threaded bolt this test in the rig 

will represent the rundown power losses. These measured values will represent the 

rundown torque. The gearbox is run with the braking tool unpowered and the speed is 

ramped from 2000 Rpm to 25000 Rpm. However this is far from the true rundown 

torque but it will give the lowest measuring values the test rig can perform at present 

status. 

 

Figure 21 Graph over losses during rundown 

The size of the power loss has some room for errors since the torque on the high speed 

side is 0.04 Nm at highest and the lower limit of accuracy for the high speed transducer 

is 0.2 Nm. The low speed side torque reaches a maximum of 3 Nm and the lower limit 

of accuracy is 5 Nm. It is also seen that there is a big difference of losses between the 

gearboxes. The same gearboxes showed a lot smaller difference at higher loads which is 

an indication of measuring error.  

 

 

3.3.3 The thermal range of the gearbox 

Real world usage of the nutrunner is restricted by a maximum outer shell temperature of 

50
o
C in hand held practice and 80

o
C for fixture tools. In order to find out what this 

means for the gearbox temperature several test will be performed. When the heat 

exchange relationship between the gearbox and outer shell is decided all future tests of 

the gearbox testing will be located inside this temperature range. 
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3.3.3.1 Thermal tests of the heat exchange between the gearbox and 
the external shell 

To be able to accurately measure the temperature of the surface of both the gearbox and 

the outer shell a thermocouple sensor type K is used. Jonas Millinger have in his thesis 

“development of thermal models for electrical nutrunners” tested this type of sensor and 

which fastening method to use to get the most accurate measurements. His work showed 

that a thermocouple type K glued on to the surface with cyano based glue gave the 

reading closest to the test reference (Flir IR camera). Jonas stated in his report that the 

0.3 mm cable is preferred but since we don’t need the temperature measurements to be 

more accurate than a few degrees we used the thicker 0.5 mm cable simply because of 

availability (Millinger, 2010). During the test runs the temperature from the logger has 

been checked against momentary measurements with the Flir IR camera and these tests 

show that the temperature measurements are nearly identical to the reference. This 

shows that the measurements have good legitimacy. 

All the temperature measurements in the following tests were performed with the 

method described above and logged with an Agilent data-logger. These tests will show 

the temperature exchange between the gearbox surface and the outer shell surface. 

When the rate between the two temperatures is known it will be able to determine the 

maximum allowed temperature for the gear housing. When this rate is known placing a 

sensor on the outer shell will be enough to estimate the gearbox temperature making the 

test procedure both faster and simpler.  

 

 

Figure 22 Shows the temperature of a gearbox 

Test one 

In test one a special gearbox is used with holes drilled in the gear housing making it 

possible to insert a thermocouple sensor and measure the temperature of the grease 

splashing against the sensor. The idea is that the grease will represent the inner 

temperature of the gearbox since it is not possible to measure directly in the gear mesh. 

The idea with this test is to see how large the temperature difference is between the 

inside and outside of the gearbox. 

Temperature

0

10

20

30

40

50

60

time

C

housing

Grease

Room



Efficiency analysis of a planetary gearbox 

  29 

 

Figure 23 Show the set up for thermal test 1. 

The temperature values shown by the diagram indicates that the grease and housing 

temperature can be linked with a correction factor. The following temperatures will 

therefore be made on the housing to avoid complicated mounting. 

3.3.3.2 Temperature interval and future testing dependency 

All of the future tests will be run from a start temperature close to the ambient 

temperature of the room. The tests that will be performed will be in the interval of 23˚C 

to 40˚C since the viscosity of the grease is known at that temperature. The difference 

between the grease temperature and the gear rim lies from 0.5˚C to 2.5˚C. Since the 

proper difference in viscosity between these temperatures is unknown the important 

factor is to run the tests at the same temperature conditions. 
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3.3.4 Full gear measurements 

Because of the problem with the test rig oscillating, no usable tests where able to be 

done running it in the correct load direction. However it was possible to run the rig 

backwars making the gearbox increase the rotatinal speed instead of decreasing it. This 

scenario will noll truly represent the real world power losses since the torque 

distrubution in the gear gets shifted. Nevertheless to get any real world data to compare 

the model against the gearbox is assumed to have the same loss caracteristics regardless 

of rotational direction.  

Figure 24 Shows the power losses of the entire gearbox 

The graph above shows the mean measured gearbox losses at five static loads. The 

speed range is from 56 to 700 RPM on the low speed side and these results are achieved 

by running the breaking tool at a constans current causing a constant breaking torque. 

The driving tool is then ramped with a linear ramp the entire speed range.  This means 

that one run is enough to get multiple meashurepoints. To establish some form of 

statistical certainty of the results gained, each of the tests are run one time each with two 

different gearboxes. The graph above shows the average losses from these tests. Althow 

some differences was noted, the overall loss differances between the two gearboxes 

where neglectable. The only big differences were noted under the 1.4 Nm of axel torque 

test, these tests are however far below(circa 0.04 Nm at the high speed sideand circa 

1.4Nm at the low speed side, the lower level for the transducers are 0.2 Nm for the high 

speed transducer and 5 Nm for the low speed transducer.) the specifyed torque range  of 

the torque transducers and can therfore not be used for more than teorethical analyzes. It 

probably also explains the large difference in measured power loss.   
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Figure 25 Shows power losses without load 

 

The temperature under tese tests were also monitored, the temperature of the gearbox 

surface was recorded at circa 25 degrees before the run and peaked at circa 35 degrees 

at the end of the tests. The presumable change in the viscosity between these 

temperatures are neglected in the analysis in chapter 5.3. 

 

Figure 26 Shows temperature during tests 
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3.3.5 Test of new gearboxes 

The goal with this test is to investigate if there is any noticeable difference between 

gearboxes as they come from the factory. Three new gearboxes are run at two different 

speeds and two different loads in these tests. Before testing them they were weighed 

individually. After the tests were completed they was cleaned from grease and weighted 

again. In order to see how much grease they each contained. 

Gearbox A B C 

Weight before (g) 118.1 117.3 117.8 

Weight after (g) 115.2 114.3 115.1 

 All of the gearboxes contained around 3 grams of grease which is equal to 2.7 ml. 

 

In the first test the ingoing high speed side rotational speed of 20000 Rpm and a torque 

of 0.32 Nm. In test two the speed and torque are set to 12000 Rpm and 0.4 Nm 

respectively. These speeds and torque settings where chosen simply because the rig did 

not oscillate that much at these settings and they are in the middle of what the gearbox 

can handle, And since the interest in this test is to see if there are any real differences 

between new gearboxes, these values seemed suitable. 

 

Figure 27 Shows the losses measured in test 1. 
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Figure 28 Shows the losses measured in test 2. 

In both of the test there is a rather big variation of power loss between each gearbox. It 

is also shown that gearbox B has the highest power losses and gearbox A has the 

smallest power losses in both test one and two. 

There are several factors that might contribute to this difference. The first might be 

differences in surface roughness and burrs, another possibility is the difference in 

tolerances for the bearings and other surfaces. These so called errors will probably 

become smaller after the gears have been worn. 

The assembly can have significance to the efficiency since the planetary wheel shafts 

are pressed into the holders. These shafts might be able to protrude, that will cause 

gliding friction between the planetary stages. 

 

 

3.3.6 Lubrication and Filling ratio 

The testing to determine the influence of different lubricants and filling ratios will be 

made in steps. The first part deals with the grease filling ratios influence on the power 

losses, in the second part different greases will be tested. During this first test 3 levels of 

filling will be run in the test rig. The objective is to determine if there is a certain 

amount of loss under a given degree of filling, which would strengthen the theory that 

excess grease displace and form mounds. There are losses acting on the side of the gears 

due to the mounds but in relationship to the meshing losses these would be negligible. 

If the result shows a linear relationship between losses and filling, then moving of 

excess grease will have to be taken into account in losses calculations. 
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Figure 29 Chart over filling ratio losses. 

The Chart shows the difference in losses over three gears. The gears are run at an 

ingoing speed of 20000rpm and 0.39Nm. 

Gear D is filled with a just enough grease to coat the gears meshing area and gliding 

surfaces. Gear A is filled with standard level of three grams and gear K is filled to the 

top. The difference in loss between gear D and A is smaller than the difference between 

three new gears tested at the same running conditions. 

The large increase of losses in gear K indicates that there is a degree of filling where the 

amount of excess grease has to be moved. This boundary occurs when the empty space 

between the planetary stages gets filled and the gearbox starts to act like an oil pump. 

Conclusion of this test is that the gear does not pump around a significant amount of 

grease during normal filling rates. 

 

During the second part of this test, 2 gearboxes with different lubrication is used. This 

test is done in order to obtain a large difference in losses due to the lubrication. The 

running conditions are 20000 Rpm ingoing speed and 0.39 Nm of ingoing torque.  
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Figure 30 Show the power losses of different lubricants 

The chart shows the power losses due to different lubricants compared to a gearbox with 

the normal grease at standard filling level. The highest losses is obtained in gearbox C 

which is filled with Klübers Klübersynt ge14-141, which can be explained by its higher 

viscosity compared to the normally used Molycote br2 plus, about 5 % higher. The gear 

with the lowest losses is A which is lubricated with low viscosity marine gear oil 

(unknown viscosity estimated at around 58% of Molycote, 67 CST). The probable cause 

is that the lower viscosity means that the rolling losses become very small. The sliding 

losses will also benefit from a lower viscosity so long as there still is full fluid friction. 

However there is a lowest level of viscosity that can be used. If the load becomes high 

or the surface roughness is too large the fluid film break and the sliding losses will 

increase due to the increased friction. 

 

3.3.7 Grease Running 

The model made in Matlab uses earlier known losses due to the build up of 

Elastohydrodynamic (EHD) fluid film in the mesh. This part will discuss the possibility 

of losses due to moving excess lubricant. 

In order to separate the different kind of losses several tests were performed. The 

gearbox as it is today is lubricated with rather thick grease. The purpose with the 

following test was to determine the grease filling rate on the gearbox efficiency. 

Earlier test made by a running sequence and dismantling of the gearbox indicated that 

the grease spread in the mesh and excess lubricant gathered in mounds between the 

gears. Since the grease has such high viscosity and a drip temperature of 200˚C it is 

unlikely that the grease will fall into the meshing zone after the grease entered steady 

state. 
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The grease used has an absolute viscosity of 114mm²/s compared to regular gearbox oil 

with viscosity of 60mm²/s at 40˚C. 

 

The dripping temperature of grease is a temperature where the drops are formed and 

released from the grease. However this is not an insurance that the excess grease does 

not move into the gears. In order to evaluate how easy the grease flow at 100 degrees a 

gear housing was lubricated and warmed standing in a vertical position. 

The lubricant did not become so fluent during this test that it did move without external 

influence. 

 

Figure 31 Shows mounds of excess grease in dismantled gearbox. 

. 

 

3.3.8 Gliding 

Since there are no axial forces acting on the gearbox by design, and no axial forces 

should be generated by the rotation of the gears it is assumed that the gliding losses are 

close to zero when the tool is used horizontally. When the tool is used in the vertical 

position, the different parts of the gearbox create axial forces acting on the parallel 

surfaces inside it generating glide friction.  
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Figure 32 Show the gearbox at horizontal respectively vertical position 

In order to isolate and map these losses we use the theory from above and can map the 

losses in just two tests. These tests are setup with the same running conditions 

considering ingoing rotational speed and torque. The test rig is mounted vertically on a 

stand during the testing for gliding losses. 

The breaking force of the breaking tool should have no too little difference here but to 

verify these tests can be run at several different loads. With the data from the test above 

subtract the losses in test one from test two, the remaining loss should be the gliding 

losses inside the gearbox. The temperature will have an effect on the friction force in 

this test. This means it is important to monitor the temperature for each run and try to 

maintain the same temperature in each run.  

 

Figure 33 Shows the gliding power losses  
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Because of the measuring problems at low torque load this test was instead performed 

with the same test conditions as in the tests regarding new gearboxes and filling rates. In 

the graph above the mean losses are the mean value of gearbox A, B and C the reason 

for this being to minimize the effect of oscillation that occurred during these tests. As 

seen the difference between the power loss of the standing rig and the normal test rig are 

small if not even negligible. The test shows that in this case the losses with the rig 

standing vertical are even smaller than when the rig is horizontally. The conclusion 

drawn is that the measured difference comes from the oscillation of the horizontally or 

individual gearbox differences rather than gliding losses.  

 

 

3.3.9 Stage one measurement 

This test is made to measure the losses in planetary stage 1. The planetary holder was 

welded onto an extended outgoing shaft so the gearbox can be run without the second 

planetary stage. 

 

Figure 34 Picture of The first planetary stage with a welded shaft instead of stage 2 

This data will be useful in the validation of the model. When the test was performed 

some problems occur. Since the gearing now with one stage only became 7.48 the low 

speed side was exposed to higher rotational speeds. The low speed side torque 

transducer is not made to rotate over 1000rpm that gives top speed of 7480 rpm on the 

high speed side.  

The gearbox run with the adapter started to oscillate and since the transducer on the low 

speed has its maximum speed of 1000 rpm this test became useless to determine the 

power loss in the first stage.  
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4 Matlab model 

 

In order to calculate the losses for different gears a program where created in Matlab. 

The program is based on calculations made by (Anderson & Loewenthal, 1980). Since 

the program should be able to be expanded with more functions and also be applicable 

to several different gearings and sizes the program had to contain a lot of variable data 

and also be made in an easily foreseeable way. Some assumptions where taken in order 

to calculate the power losses. The first is that the spurs are stiff so the maximum 

intervention rate for external gears will become 1.98 see chapter 2.2. Assumption 

number two is that the temperature is constant since the correct data to develop a 

temperature viscosity relationship is unavailable. 

The program will be possible to use between one to four planetary stages in the gearbox 

calculations.  

The program is divided into several m-files. In order to clear up all the constants and 

variables that are used in the whole program two files where created. Each of those files 

is lists containing global constants or global variables that only depend on the in-data 

given to the program. 

The program requires a large amount of in-data such as gear geometry (Appendix 6), 

running conditions and in-data for the lubricant. In-data for the running conditions are in 

going speed and torque. 

When the program has these parameters it starts the calculations needed to calculate the 

power losses of the planetary gear. Since the gear geometry is constant changing angles 

and forces and distances between the points where the gears transfer power to one 

another the program calculates these points and creates arrays.  

 

Figure 35 Flow of the information for a 2 stage planetary gearbox in the Matlab program 
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These arrays are built by equations with variables that are looped until each array is 

filled with data.  

For example the first arrays are the ones that give the lever for the transferred torque to 

the receiving gear for each point that is in contact. In order to obtain a good result, the 

line of action between two outer gears is divided into three different arrays since there is 

different amount of spurs meshing.  

 

Figure 36 Schematic picture of the three arrays that represents the line of action for external 

gears 

In order to give each of these three mesh lines an equal distribution of points in relation 

to the length the program distributes the number of chosen calculation points in 

percentage to the lengths. 

For the contact between the planetary wheels and the gear rim the line of action is built   

with one array. This line of action is simplified because it is rather complex in inner 

gears to determine the boundaries for the momentary intervention rate.  

 

Figure 37 Schematic picture of the simplified line of action for internal gears 

The mesh line depending variables in Matlab are calculated by a bit modified equations 

(ref 2).  

The pressure angle between any mating gears is never the same as the standard pressure 

angle of 20 degrees since all gears has a relationship of distance between them and the 
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number of gear teeth affects the working pressure angle. Calculation of the pressure 

angle is the same for the internal and external gears and goes as follows. 








 
 

)*2(

)0cos(*))((mod*
cos 1

z

zzz
z

axd

paZplanZsun
Pasun  

Where mod is the gear module, pa0 the standard pressure angle. The distance between the axes 

is called axd and Zx is the number of gear teeth. 

To calculate the pressure angle between the planetary rim interface the subscripts has to 

be changed to the current mesh variables. 

 

For external gears the equation goes as following of the mesh line goes as following: 

  

Figure 38 Picture of external gears meshline 

 

The Length of the mesh line is determined by the equation 

 

 

 

The same equation written in Matlab becomes. 
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)tan(*)00(00
2222

zzzzzzzz pasppRsRsRRaspRRapXasp   

Where Ra, R0 is the tip and base circle radius. The subscript s stands for sun gear and p for 

planetary gear. The working pressure angle is pasp and the subscript z stands for gear number. 

 

 

Figure 39 shows boundary points on the mesh line 

 

The schematic picture shows the points along the mesh line where the intervention rate 

changes. Two spurs is meshing between the points A2 B1 and B2 A1, and between B1 

B2 there is only one spur that carries the load.  

 

The point A2 is called X1sp in Matlab and is set as the mesh line start point e.g. A2 is 

set to zero. 

A1 is called X4 sp and mark the end of the mesh cycle which means that X4sp is set 

Xasp. 

The point B1 is called X2sp and is calculated with X4sp -Pb. Pb is the base pitch given 

by the equation: 

)0cos(*mod* zzz paPiPb   

The gear module is called mod and pa0 is the standard pressure angle (20 degrees). 

 

The point B1 is called X3sp and is set to X1sp +Pb.  

The Pitch point called T in the first picture is called Xpsp and is calculated with: 

)tan(*00
22

zzzzz pasppRpRRapXpsp   

 

 

The force levers are used to calculate the correct gear normal contact force along the 

line of action. 
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The force lever to the first point X1 needs a help length between N1 to X1 called xstart 

in Matlab. The length is required since the lever to X1 is unknown and will be solved 

since we know the lever to the interference point called N1 in the picture. 

 

22
0)tan(*00 zzzzzz pRRappasppRsRxstart   

 

Then the program uses three different lines of n number of calculation points, X1-X2 is 

called xasp. The line between X2-X3 is xbsp and for X3-X4 xcsp. 

  

The force levers to Becomes 

22 0)( zzz sRxaspxstartayasp   

The equation is valid for xbsp and xcsp also, it is just to switch the index a in the 

equation. 

 

The equations look a bit different for internal gears 

 

Figure 40 Mesh line for internal gears 
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The length of the mesh line is determined by the equation 

 

 

The same equation written in Matlab becomes.  

 

Where Rar, R0r is the tip and base circle radius of the rim gear. The pressure angle papr is 

calculated in the same way as for external gears. 

The mesh line is between A1-A2 and is called X1pr-X2pr. T is the pitch point and it is 

called Xppr in the program. 

X1pr is set to zero as the start point and X2pr is set to the value of XApr. 

The calculation for the pitch point as follows 

)tan(*00
22

zzzzz paprpRpRRapXppr   

 

The force levers are used to calculate the correct gear normal contact force for the mesh 

between the planetary gear and rim gear. 

The program Creates n number of levers due to the number of calculation points for the 

mesh line. The distance between A2 and N1 is needed for the calculations since the 

lever to X2 is unknown. 

 

The help length is called b and it is a local variable. 

zzzz XAprpRRapb 
22

0  

 

The force lever to the point X2 is called Rmspr 

22

zzz bRopRmspr   

 

The lever to X1 is equal to Rap. 

When the program has these two levers it creates the wanted number of levers due to set 

number of calculation points. 

 

 

)tan(*)00(00
2222

zzzzzzzz paprpRrRrRRarpRRapXApr 
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4.1 Deciding the number of calculation points 

In order to obtain a good result from the program a test with variable amount of 

calculation points along the line of action where performed. The program was given the 

same running conditions, except the number of calculation points where changed each 

time the program where looped. 

 

Figure 41 Graph of efficiency as a result of calculation points. 

The result show a convergence to a stable value, based on this test the standard number 

of calculation points was set to 50. Increasing of calculation points gives a more exact 

value since some of the arrays are built up with non linear equations. The benefit of less 

calculation points is a faster program especially if it will be executed many times to 

create plots over a running sequence with different speed and torque. 

  

When the losses in the first meshing zone between the sun and planetary wheel have 

been calculated, the program calculates the torque that is transferred from the sun gear 

to the planetary gear after the losses and sends the result to the next file. When the 

meshing zone files have been executed the running-file gets the result and multiplies the 

answer with the current number of planetary gears. The output file shows the size of the 

different losses and also the efficiency.  
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5 Model validation and analysis of 
results 

5.1 Validating model against Anderson & Loewenthals 

In order to establish that the model is working as intended some validation tests are 

needed. To test this, gear data from Anderson & Loewenthal report “spur gear 

efficiency” is entered in to the model. The input criteria for these cases are 2000 rpm 

pinion rotation and 271 nm of pinion torque 

              
Sliding velocity, Anderson & Loewenthal           Sliding velocity, model 

               
Rolling velocity, Anderson & Loewenthal        Rolling velocity, model 

                    
Equivalent radius, Anderson & Loewenthal                  Equivalent radius, model 

Figure 42 Comparison of model and reference 



Efficiency analysis of a planetary gearbox 

  47 

Comparing the Matlab plots of the sliding and rolling velocities as well as the 

equivalent rolling radius to the ones from Anderson & Loewenthals report shows that 

all the gear data dependent calculations are correctly built. These calculations have 

more or less been straight forward geometry and since the geometry has not changed 

since the 1980 they do not differ from the ones used then. However in calculating the 

power losses the formulas used by Anderson & Loewenthal uses some simplifications. 

This might be a result to the computer power available to calculate and show these 

losses back then. One example of this is the tooth normal load which in this thesis is 

calculated using a lever that changes depending of were in the mesh cycle you are. 

Anderson & Loewenthal uses a formula that generates a mean value of the lever which 

means that tooth load are constant during the mesh cycle only changing at point X2 and 

X3 where the mesh goes from two teeth in contact to one. 

 

                 Gear tooth load, Anderson & Loewenthal   Gear tooth load, model 

Figure 43 Comparison of normal load 

The example shows how the tooth load reduces as the lever increases (the force is 

moving towards the tip of the gear). This differance should makes the calculations from 

this theiesis more accurate. Another example of this is when calculating the coefficient 

of friction. 

 

              Coefficient of friction, Anderson & Loewenthal           Coefficient of friction, model 

Figure 44 Comparison of coefficient of friction 

In the ciefficient of friction example there is also a error in the grading of the scale they 

use. When they calculate the walues erlier in the report they are similair to those gained 

from the model but when the plot is shown they use a different scale. In this example it 

is clearly visible where the contact changes from one tooth to two in the figure from 

matlab. Looking at the final losses results then it is shown that the more advanced 
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calculations implemented in this model probably makes the losses simulations more 

accurate.  

 

Sliding power loss, Anderson & Loewenthal,  Sliding power loss, model 

Figure 45 Comparison of sliding power loss 

These figures shows perhaps the biggest differences between the model constructed in 

this project compared to the one constructed by Anderson & Loewenthal. The matlab 

model created here shows how the sliding losses are the greatest just as the teeth enters 

the mesh and then decreases to reach zero at the pitch point where the sliding speed are 

zero. 

    

          Rolling power loss, Anderson & Loewenthal       Rolling power loss, model 

Figure 46 Comparison of rolling power loss 

 

The corresponding figures for the Rolling power loss. Since the rolling speed and 

equivalent roll radius differs less than the sliding speed these plots are closer to each 

other than the sliding loss. 
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Figure 46 model total losses 

The total power loss shows the rolling and sliding losses combined in one plot. This is 

how the losses are distruted in a stiff gear. In real life these losses would be more or less 

smeard as the gears bend and flex under normal operation. 

5.2 Comparing Anderson & Loewenthals gear setup 
against the planetary gears first stage 

Since the model created are constructed for oil-jet lubrication and validated against 

gears with a module relatively small against the diameter of the gears the rolling losses 

are almost as big as the sliding losses. The model doesn’t take churning losses in 

consideration either since they are small in such a environment. Let’s compare the gears 

from Anderson & Loewenthals test witch the first stage of the planetary gear studied 

here. 

 

        

    Gear mesh, Anderson & Loewenthal              Gear mesh, stage one planetary gear 

Figure 47 Gear mesh comparison 

Illustrated with the figures above are the difference in module to diameter ratio of the 

gears used by Anderson & Loewenthal and the gears used in Atlas Copcos nutrunners. 

These differences will have a large impact on the losses generated and why they are 

distrubuted like they are. The larger module to diameter ratio of the planetary gear 

means that the sliding speed will be relativly larger in the nutrunner due to the 
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proportially longer line of concact. The rolling speed however vill instead decrese as the 

line of action gets longer and the teeth have longer time to roll. This will make the 

sliding losses more dominant in gears with high module to diameter ratio. Another 

problem that may be occuring are the viscous losses more specifically the root filling 

and pocketing losses. Althow there are no running grease in the gear the grease that are 

there probably does get tossed around causing some pocketing losses. These pocketing 

losses are very hard to predict and even if the ratio of grease/air was known in each 

stage of the gear mesh it is very hard to do any calculations, seetharaman et al have 

done maybe the largest study so far on the problem and the requirement used there was 

that the calculations were only valid if the pockets are filled with an incompressible 

fluid at all times. On the subject of calculating the losses with an air/oil mixture in the 

pockets their conclusion was this “The above approach does not consider the effect of 

air ingestion, which can take place at higher rotational speeds. In such cases, a 

compressible fluid formulation is required that is a steep departure from the 

incompressible flow formulation presented here. This problem will be tackeld in a 

separate paper.”(Seetharaman & Kahraman, pp.6, 2009) this separate paper has 

however, not yet been published. The decision have therefor been made that at this stage 

we are not able to do any calculations on the churning losses. 
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5.3 Comparing the model against real world data 

Because the testing is done with the gearbox running backwards some adaption must be 

done to the model. The model is built only to work, calculating the losses from the 

highspeed side down to the low speed side. This is because running the gearbox the 

other way around means that all the force levers will change and this new geometry is 

not coverd by the model. Since the model is calculated using the input torque and RPM 

the corrensponding values must be transferred from the tests. Since the power loss in the 

gearbox is assumed to be the same regardless of witch direction the power flows in. The 

model torque is calculated using the same input power in both the model and in the 

tests. Which means that if the gearbox are equally efficient in all the mesh the total 

power loss will be the same regardless of the power direction. 

 

Figure 48 Model power losses 

 

This graph shows the power losses calculated by the model. Comparing these values to 

the measured losses shows that the model predicts a smaller power loss then it actually 

is. This is expected since some losses are left out from the model. Another factor as of 

why they don’t correspond are the lack of surface roughness compensation. At the point 

of this finalizing this report these values on the surface roughness had not examined by 

Atlas Copco. Although adding this compensation will make the model power loss 

values go up. Ploting the model losses uncorrected against the measurments shows an 

interesting detail.   
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Figure 49 Model losses compared to measured 

 

This interesting detail is that the difference between the measured loss and the model 

loss are almost constant. Some increase of the difference are noted on the larger torque 

loads, this probably comes from the lack of surface comensation witch would make the 

models individual losses slide appart more. The power difference at 700 RPM are at an 

average 16.5 W. The measurement at 1.4 Nm has been neglected since it is below the 5 

Nm precition range on the torque transducer. Since the losses between the model and 

the measuremest are almoast linear and independent of load it is fairly safe to assume 

that these losses are the left out load independent churning, bearing and gliding losses 

that although are not calculated, still exists. By calculating the mean difference between 

the model and reality, a linear equation for these losses can be achived. Adding these 

losses to the model creates this graph. 
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Figure 50 Model losses with churning compared to measured 

 

When adding these load independent losses to the model, the losses does come closer to 

the real world measurements however at high and low load the model differentiates 

more from the measurements, this is an indication of that the calculated load dependent 

losses are too small. By experimenting with the surface roughness compensation a 

better compliance can be achieved and in this particular case the surface roughness 

come to 0.15 micron Ra for the model to follow the real world measurements. Adding 

this compensation to the model as well as the load independent losses creates this graph. 
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Figure 51 Corrected model and churning against measured 

 

When both the surface roughness and the load independent losses (with the same 

method as above) are added to the model the model follows the real world 

measurements very good. This shows that the model formulation is fairly valid even 

though the model will follow the measurements as they are involved in the 

compensation.  
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Conclusion 

The purpose of this thesis was to analyze and understand the occurring power losses in a 

planetary gearbox design. From this data the next goal was to develop a usable model to 

be able to simulate all the occurring losses. This is to be an important tool in Atlas 

Copcos future work with the tools at the design stage. Although all the losses have been 

investigated and listed, they are not all included in the model, this means that the model 

at the current stage can’t be fully used as intended without some empirical testing. 

Future work to establish a formula for the load independent losses would make the 

model fulfill this goal. Another area of which the model should be improved in is the 

temperature dependency. In order to simulate different running sequences a relation 

between the lubricants viscosity and temperature needs to be developed. 
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7 Appendix 

7.1 Appendix 1: Thermal reduction factor 

This appendix is unplugged from the report Spur gear system efficiency at part and full 

load, it deduces the thermal correction factor for the EHD fluid film thickness. 
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7.2 Appendix 2: Lateral equations 

 

This appendix lists all the lateral equations needed to calculate the losses. 

 

List of symbols 

 

   Standard pressure angle 

   Operating pressure angle 

p   Rotational speed pinion (rad/s) 

pT   Applied torque on the driving gear  

ieZ   Momentary amount of spurs in mesh 

pr   Pitch radius 

0r   Base circle radius 

ar   Gear tip radius 

Z  number of gear teeth  

fx   Profile shift factor 

wf   Face width of gears 

)(xw   Gear contact normal load 

)(x   Mesh depending coefficient of friction 

0   Lubricant absolute viscosity 

)(xV   Mesh depending velocity 

X   Distance along the path of contact 

pX   Pitch point along the patch of contact 

rm   Gear ratio 

)(xr   Mesh line depending radius 

)(xh   EHD fluid film thickness 

)(xP   Momentary power loss 

eqR   Equivalent rolling radius 

Subscripts 

p  pinion 

g  gear 
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s  sliding 

r  rolling  

 

Constants 

C1  29.66 

C2  9*10
7 

C3  1*10
-3 

C4  2.04*10
-8

 

C5  1.9*10
-2

 

C6  2.82*10-
7
 

C7  6894  

C8  6894 

C9  1.05*10
-4

 

C10  2.54*10
-2

 

C11  2.051*10
-2

 

C12  1*10
-3

 

C13  6.8*10
-5

 

C14  1 

 

Following equation were used in order to calculate the whole mesh cycle length along 

the line of action. 

 

 

))()(tan( 00
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 (1) 

 

 

This equation shows the calculation of the gear contact normal load along the line of 

action 
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 (2) 

 

 

This shows the equation for the mesh depending radius that is the lever to the contact 

normal load. 
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 (3) 

 

 

 

Since the gears are modified with profile shifts the actual or operating pressure angle 

between mating gears can be described with the equation. 
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  (4) 

 

The sliding velocity is the difference in surface velocity at the point of contact of the 

mating gears. This equation shows the sliding velocity seen from the driving gear 

(pinion).  
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The following equation shows the rolling velocity seen from the driving gear. 
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   (6) 

 

The gear contact is approximated as two equivalent rollers in contact. The equation to 

describe how the radius changes along the path of contact follows. 
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 (7) 

 

For each gear the radius is described by: 

ptotpp XXrR  sin0   (8) 

 

ptotgg XXrR  sin0   (9) 
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7.3 Appendix 3: Drag power losses 

 

This appendix shows the calculations of power losses due to face drag and periphery 

drag on the sun gear. The formulas are taken from the report Load independent spin 

power loss. (S Seetharaman & A Karhaman, Load independent spin power losses of a 

spur gear pair, Journal of tribology, vol 131 april 2009.) 

The calculations are made on the sun gear in the first stage of the 35.28 ratio gearbox 

since this gear has the highest pitch line velocity. 

 

Periphery drag power loss  

Following assumptions are taken: Half of the gear is submerged in grease without air 

mixture. This will create the largest possible forces to occur. The formula goes as 

follows 

 

 *****4 22rbPdpi   

 

Where Pdpi is the power loss and   is the lubricant dynamic viscosity. The face width 

of the gear is b, r is the tip radius and   is the rotational speed in radians. The 

submerged surface angle is . 

 =104Ns/mm
2
  

b=6.8mm 

r=1.98mm 

 =3768 rad 

 =pi/2 

With these given values the power loss due to drag becomes 0.00025 Watts. 

 

 

Side face drag power loss  

These calculations assume that the gear is half submerged in grease without air mixture. 

The formula goes as follows 

14.0

72.286.214.0

)sin(

****025.0



 Ar
Pdfi   

Where   is the density and A is the submerged surface area the rest is the same as for 

the periphery drag losses. 

 

A=pi*r
2
 =1.23*10

-5
 

 =1223kg/m
3
 

 

With these values the power loss becomes 0.0006 Watts 
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7.4 Appendix 4: Matlab gear geometry 

This appendix is a declaration of the input measures of the gears to the Matlab program. 

External gears 

 

The tip radius ra is called Ra in the program 

The pitch circle radius r is called R 

The base circle radius rb is called R0   
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Internal gears 

 

The tip radius ra is called Ra in the program 

The pitch circle radius r is called R 

The base circle radius rb is called R0   

 

In order to keep track of the different dimensions of the gears the program uses 

subscripts that tells you what gear and the stage it is positioned in. 

 


